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3D SIMULATION OF FLOW IN STIRLING ENGINE WITH FIK MECHANISM 

Ing. Saniga J. 1, Ing. Barta D. PhD.1, Prof. Ing. Kukuča P. PhD.1, Ing. Mruzek M.1

Faculty of Mechanical Engineering – University of Zilina, Slovak Republic 1

dalibor.barta@fstroj.uniza.sk 

Abstract:  The article deals with 3D Simulation and design of the Stirling engine regenerator  with unconventional  FIK mechanism,  
whose real model is constructing on the field of Department of transport and handling machines the University of Zilina. The FLUENT  
software was used for the simulation. Boundary conditions were obtained by calculation and experiments performed directly in the selected  
engine parts. The article presents the results of a research focused on heat transfer inside the regenerator and cylinders.

Keywords: STIRLING ENGINE, HEAT TRANSFER, FIK MECHANISM, SIMULATION, REGENERATOR

1. Introduction

Applications of the patented FIK engine construction with non-
conventional mechanism with a swing plate in the modification for 
the Stirling engine is solved under the project VEGA 1/0763/11 – 
Stirling engine with non-conventional mechanism FIK on the field 
of  the  Department  of  transport  and  handling  machines  the 
University of Zilina (Kukuca et al., 2002). In this configuration, the 
Stirling engine uses air, which is heated in the heat cylinder of the 
cylinder wall and cylinder head, as a power medium. Two heated 
and  two cooled  cylinders  connected  with a  regenerator  form the 
basic concept of the Stirling engine with the non-conventional FIK 
mechanism with a swing plate. The basic dimensions of the piston 
group were taken from an air-cooled vehicle engine with cylinder 
diameter of 75 mm and a stroke of 72 mm. 

Fig. 1 Virtual model of non-conventional mechanism FIK:  1 – regenerator, 2  
– cooled cylinder, 3 – swing plate, 4 – heated cylinder, 5 – flywheel, 
6 – heat output, 7 – heat input

When designing this engine, theoretical calculations were used 
(Kukuca  et  al.,  2003,  Kukuca  et  al.,  2004,  Kukuca  et  al.,  2006). 
Subsequently, the proposal of the swing plate and other main engine 
dimensions were made. The project continued with the creation of 
3D models using the Catia V5R20 software. The virtual model of 
non-conventional FIK mechanism is showed in Fig. 1. The engine 
was  designed  for  maximum  operating  speeds  of  2000  rpm.  The 
maximal  engine power  depends on the quantity  of the input  heat 
and the efficiency of the regenerator. The regenerator consists of the 
body and the filling. 

2. Working principle

Both  heated  cylinders  are  heated  from  outside  with  directed 
flow  of  heat  air  from  two  independent  hot-air  devices.  The 
parameters  of  hot-air  devices  are:  performance  2000W,  air  flow 
650l/min and temperature of heated air from 50 to 600°C. 

Also other sources of heat can be used for heating, for example a 
gas-jet. 

For  directing  the  flow  of  hot  air  around  the  heated  cylinder 
walls was designed the cylinders sheathing. The limiting factor of 
heating the cylinders is the temperature at the internal wall of the 
cylinder, due to the maintaining of lubricating properties of oil. The 
oil could not go over 240°C. The cooled and heated cylinders are 
connected with the regenerator by pipes. The phase shift between 
the pistons in heated and cooled cylinders is 90°. In order to achieve 
the  highest  thermal  stability  in  the  cylinders,  the  highest  engine 
efficiency and performance and the best heat utilization, the engine 
design includes the heat regenerator. 

3. Cylinders

It is important to put a maximum of input heat in the shortest 
time. The role of this simulation was to assess the distribution of 
heat around the perimeter of the heated cylinder and along its inner 
wall.  The  directed  hot  air  from  the  hot-air  device  provides  the 
cylinder  heating.  The  temperature  of  the  air  exiting  the  hot-air 
device was set to 723 K. 

Fig. 2 The course of velocity of hot air flowing between the cylinder ribs
The  heat  transfer  through  the  cylinder  wall  and  ribs  was 

simulated. To avoid the local overheating of the cylinder from the 
source of hot air, the deflector, which directs the hot air flow around 
the cylinders, had to be used. 

Fig. 3 The course of temperatures of heated air in cylinder - through ribs 
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To ensure the flow of the air through the cylinder ribs and more 
even  distribution  of  temperature  on  the  whole  surface  of  the 
cylinder  the  sheathing  with  a  minimum  gap  (1mm)  between  the 
cylinder  ribs  and  sheathing  was  designed.  Figure  2  shows  the 
airflow around the cylinder and its guidance to hot air exhaust.

About  65% of  the  cylinder  surface  flowed  around by hot  air 
reaches approximately identical temperature about 680 K (see Fig. 
3). The lowest  temperature  is achieved on the back of the heated 
cylinder, approximately 540 K, what is quite significant temperature 
difference.

Fig. 4 The course of temperatures of heated air in cylinder - through the 
volume between the ribs. 

As  seen  in  Fig.  5,  which  shows  the  inner  surfaces  of  the 
cylinder, the back part of the cylinder where miss the sheathing and 
guidance the flow of hot air remain significantly cooler.  Because 
the sheathing is common for both heated cylinders the simulation 
was solved as symmetrical.

Fig. 5 The course of temperatures inside the heated cylinder
The simulation showed that the designed shape of sheathing can 

not ensure more even heating of the cylinder on the whole surface 
and  that  the  hot  air  flowing  the  opposite  cylinder  do  not  cause 
sufficient change of the flow in the area between the cylinder and 
the air outlet of the sheathing.  As a result, the hot air will be not 
guidance  on  the  back  of  the  heating  cylinder.  To  achieve  better 
temperature distribution on the cylinder surface will be necessary to 
modify the sheathing form and to verify it by next simulations. 

Fig. 6  The course of temperatures inside the heated cylinder with ribbing

The heating of the cylinder and piston in the current position in 
top dead center is shown in Fig. 7. The simulation was performed at 
a moving piston and speed 400 rpm.

Fig. 7 The course of temperatures in the cross-section of heated cylinder with  
ribbing 

4. Regenerator

The  basic  requirement for  the  regenerator  is  to  capture  the 
maximum  amount  of heat  contained in  the  air  as  a 
working medium when  the  heated  air  is  moving from  the  heated 
cylinder  to the  cooled  cylinder and then  to reabsorb  it  when  the 
cooled  air  is  moving  from  the  cooled  cylinder  to  the  heated 
cylinder.

It  is therefore  necessary  to propose  a regenerator with a  space 
large  enough and with  a  reasonable  volume, lowering 
the final compression engine ratio (Bigos, Puskar, 2008). 

The  simulation  of  regenerator  work  was  made  by  Fluent 
software  (Sojcak  et  al.,  2005).  In  this  case  was  used  a  standard 
turbulence k – ε model.

Fig. 8 Distribution of temperatures in the cylinders and regenerator - porosity 
0.961 

In  the  beginning  was  created 2D geometry of  cylinders, 
pipes and  regenerator in  Catia software  for  our  problem  (see 
Fig.8). Sketch was  exported as  a step file  to  the Gambit  program, 
which is used to computing grid creating. 

Fig.  9 Measuring  equipment  for  measurement  of  flow  resistance  in 
regenerator 
Results  of  2D  simulations  showed  the  problems  which  must  be 
solved in 3D simulation.  The first  regenerator concept showed the 
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need to synchronize its size and the engine speed. It was found how 
the geometry of the regenerator inlet and outlet sections influences 
flow  in  the  regenerator  and  how  to  determine  the  regenerator 
volume to avoid an excessive  heating of the medium in the cold 
cylinder  as  seen  in  Fig.  8.  2D  simulation  showed  also  how  the 
porosity and material of regenerator filling influences the function 
of regenerator.

Fig.  10 Measuring  equipment  for  measurement  of  flow  resistance  in 
regenerator 

It  is  necessary  to know the flow resistance  values  caused  by 
regenerator  filling to get  more accurate  simulation calculations in 
3D geometry. These values are in Fig. 10 and they were obtained by 
real  measurement  on the test model shown in Fig. 9. Coefficients 
C2  and  1/α  determining  the  regenerator  filling  properties  were 
calculated  from the  values  of  flow  resistance.  Experimental  data 
that  is  available  in  the  form  of  pressure  drop  against  velocity 
through the porous component can be extrapolated to determine the 
coefficients for the porous media (see Fig. 10). 

The optimized conditions with uniformly heated cylinder with 
maximum temperature  on inner  side  of  the  cylinder  513 K were 
selected to simulate the regenerator functions. 

Fig.  11  Courses  of temperatures in  the  cylinders and regenerator  without 
filling (red line – heated cylinder, blue line – cooled cylinder, green line –  
regenerator) 

Fig.  12  Courses  of temperatures in  the  cylinders and regenerator  without 
filling in the connection bend of cooled cylinder (red line – heated cylinder,  
blue line – cooled cylinder, green line – regenerator)

Fig. 13 Courses of temperatures in the cylinders and regenerator - filling in 
regenerator and both connection bends (red line – heated cylinder, blue line  
– cooled cylinder, green line – regenerator)

Simulations were made for 3 different solutions of location the 
regenerator filling. The first solution consisted in the placement of 
regenerator  filling into the regenerator  housing  and into the  both 
connection  bends.  The  second  solution  contained  the regenerator 
filling only in the bend connected to the heated cylinder and to the 
regenerator housing. The third solution contained no filling.

As a material of the regenerator housing and connection bends 
was chosen copper. Material of the filling was aluminum mesh with 
a porosity of 0.85. Regenerator dimensions were chosen based on 
previous 2D simulations so that its volume is equal to the volume of 
the  heated  cylinder.  3D  simulations  showed  compared  to  2D 
simulations better approximation to the real state.

Simulations confirmed that it is possible to ensure difference in 
mean temperatures of heated and cooled cylinder required for the 
proper function of Stirling engine. Simulations (see Fig. 11, 12, 13) 
also show that the amplitude of the mean temperature in the heated 
and  cooled  cylinder  is  heavily  dependent  on  the  volume  of 
aluminum regenerator filling, what is most apparent in the heating 
and stabilization of regenerator work.

Too  big  regenerator  volume  works  at  this  phase  as  the  heat 
absorber and significantly prolongs the stabilization phase of motor 
running.  As seen in the Fig. 13, the trend in mean temperature of 
cooled cylinder is decreasing (blue line) and the trend of the heated 
cylinder  is  rising  (red  line).  The  mean  temperature  in  the 
regenerator gradually increases (green line). 

Fig. 14 Distribution of temperatures in the cylinders and regenerator without 
filling 

Due to the large volume of the designed regenerator is the time 
required for stabilization of the temperature conditions too big. Fig. 
16 shows that inside of the regenerator  remains colder relative to 
the connection bends. For this reason, it would be useful to reduce 
the dimensions of the regenerator in order to ensure a sufficiently 
rapid  accumulation  of  heat  in  the  regenerator  and  to  shorten  the 
time of system stabilization.

Time 
(s)

Temperature 
(K)

Temperature 
(K)

Temperature 
(K)

Time 
(s)

5



Fig. 15 Distribution of temperatures in the cylinders and regenerator without 
filling in the connection bend of cooled cylinder
As  seen  from  the  courses  of  mean  temperatures  in  Fig.  13,  big 
amplitudes  of  the  heated  cylinder  temperatures  are  the  result  of 
inadequately  working  regenerator,  respectively  the  result  of  its 
inability to deliver the air entering the heating cylinder enough heat 
to  increase  its  temperature.  Ideally,  the  red  curve  of  mean 
temperature of air in the heating cylinder should be straight lines - 
isotherm. 

Fig. 16 Distribution of temperatures in the cylinders and regenerator – filling 
in regenerator and both connection bends 

5. Conclusion

The design of the non-conventional Stirling engine with the FIK 
mechanism  was  created  under  the  support  of  the  project  VEGA 
1/0763/11 - Stirling engine with non-conventional FIK mechanism. 
The project’s goal is the construction of a functional engine.  The 
paper deals with computer simulations of transfer and distribution 
of  heat  in  the  heating  cylinder  of  Stirling  engine  as  well  as  the 
simulation  of  heat  flow  in  the  regenerator.  The  regenerator 
Simulations  showed  a  need  to  modify  some  regenerator  parts  to 
improve the flow and to ensure  a sufficient  regenerator output.  It 
will  be needed  to perform a 3D simulation of the real  state  with 
accurate computation input conditions.

Laboratory measurements of the flow resistance for a specific 
regenerator  type  that  were  taken  were  used  in  a  3D  model 
simulation calculation. 3D simulation of the regenerator shown that 
is not possible to start from the simpler 2D simulations to propose 
the dimensions of the regenerator. It turned out that the simulated 
regenerator coming out of the 2D simulation is too large, resulting 
in  the  malfunction  or  too  long  temperature  stabilization  of  the 
system  –  regenerator  heating.  It  is  therefore  necessary  to  make 
changes  of  the  regenerator  dimensions  and  verify  them  by  re-
simulation calculation. The determination of the heat input for the 
Stirling engine function was another task of the solution. That was 
based  on  the  heat  transfer  simulation  calculations  for  the  heated 
engine cylinder with the optimal airflow of heating medium – hot 
air  coming  from  hot-air  device  through  the  cylinder  ribs.  The 

calculations  showed  insufficient  heating  of  the  cylinder  back  on 
approximately 35% of its circumference even when the hot air flow 
from  another  heated  cylinder  was  taken  into  account.  The 
simulation  demonstrated  the  significant  disparity  of  the  cylinder 
reheating (difference up to 150K) along the inner wall in this way of 
the  cylinder  heating.  It  follows  that  for  the  homogeneous 
distribution of temperature  is therefore  necessary choose different 
way of heating, for example by resistance wire.
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THE ISSUE OF MEASURING THE FUEL CONSUMPTION OF ROAD FREIHT 
VEHICLES WITH A VOLUMETRIC FLOWMETER 

 
Ing. Šarkan B. PhD.1, Bc. Skrúcaný T.1 

The Faculty of Operation and Economics of Transport and Communications– University of Zilina, the Slovac Republic 1 

 

Abstract: Fuel consumption of motor vehicles is one of the most important operating characteristics, which directly define their operating 
cost ratio. Fuel trucks are the largest cost item in its operation. It is therefore necessary to examine and focus on the causes leading to its 
costs. It is influenced by the several important factors. These factors can be divided into three main groups: vehicle, person and operating 
conditions. For exact measurements, there is using equipment mounted directly to the vehicle fuel system. In particular, the volume of fuel 
flows meters, which meets accuracy requirements of different standards. In our research project, we had tested the truck ,,MAN”. Tool for 
measurement was the volume flow ,,Datron DFL-3“, which allows measurement of vehicles with gasoline as well as diesel. The flow meter 
is equipped with a pressure valve, heat exchanger and overflow branch (returning back to the tank). For measurements, we investigated the 
effect of the various components of the vehicle to its operating fuel consumption. The flow meter is equipped with a pressure valve, heat 
exchanger and overflow branch returning back to the tank. In measurements, we focused on the impact of the various components of the 
vehicle to its operating fuel consumption. In the article we focus on processing the results of the impact of air resistance and rolling 
resistance of tires. A setting of the slope of roof spoiler directly influences the impact resistance of the air vehicle. And the condition of the 
tire pressure influences the rolling resistance. All measurements were performed according the Slovak technical standard that precisely 
defines the conditions of execution of such tests. 

Keywords: FUEL CONSUMPTION, FUEL FLOW METER, FACTORS AFFECTING FUEL CONSUMPTION 

 

1. Introduction 
Fuel consumption affect the direct economic costs. They 

increase proportional to the amount of consumed fuel. Currently, 
the demand for fuel increases, so prices are still rising. Therefore, 
whether it is a person doing business in transportation or person 
using the vehicle for private purposes, each is economically 
influenced by the consumption of its vehicle. The price of 
hydrocarbon fuels affects the price of crude oil on the international 
market, but also the cost for their production and distribution, and 
storage for local suppliers. Price of hydrocarbon fuels is also 
charged by the excise tax, so at present it is not a small cost item. 
This is demonstrated by the fact that transportation in international 
freight transport of semitrailer unit third of the operating costs are 
fuel. 

 
Fig. 1 Costs of transport company 

 

It is not strictly defined one unit expressing fuel consumption, 
because the variety of performances vehicles is large. Therefore, 
due to the information value, there are used the several units, 
depending on the type of performance vehicles, or measurement 
methods. We may also use the absolute expression of fuel 
consumption in units of mass and volume (dm3, m3, l, g, kg), but the 
better informative value have the relatively expression relating to 
the performance of the vehicle. 

Relatively expression is therefore fraction whose numerator 
represents the amount of fuel consumed. It can be given in units of 
volume or weight, according to the method of measurement. The 
most exact is using of gravimetric expression (scientific and 
professional activity), because the energy of fuel is dependent on 
the number of molecules, which have always been the same weight 

for all conditions, while the volume unit is imprecise, because of the 
changing density of the fuel  with changing conditions (temperature 
and pressure). This means that if we consume the same number 
liters of diesel fuel at -5 ° C and 30 ° C, it is not consumed the same 
amount of energy contained in the fuel. The denominator is the unit 
expressing the vehicle's performance, depending on the type of 
vehicle, current use, adequacy, suitability for the calculation, etc. 
The most commonly used in transport is travelled distance, time of 
operation, the amount of transported goods (km, vehicles hours, t, 
pcs., passenger kilometres, tkm) etc. 

2. Main factors affecting fuel consumption 
Fuel consumption is dynamic, constantly changing quantity and 

it also responds to the least impact of the factors. We classified the 
factors into the following groups and subgroups for the easier 
review: a) physical - internal (technical characteristics of the car –
engine efficiency and transmission device), external (road resistance 
directed against the movement of the vehicle - the characteristics of 
the traffic flow, drive in the city / non- city, temperature, landscape, 
road conditions), b) human - driver (driving technique), carrier (care 
and maintenance => technical condition of the vehicle, vehicle 
capacity utilization => average loading). 

The main groups of factors (physical and human) should not be 
regarded as isolated because between them there are connections. 
Physical factors are directly given so the transport operator and 
drivers cannot it change. However, transport operator may change 
the level of their impact on the fuel consumption indirectly through 
changes of human factors. 

 
Fig. 2 Factors affecting fuel consumption 
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3.  Methodology for measuring fuel consumption 
Measurement of fuel consumption is very problematic issue. 

Fuel consumption is a quantity that is very dynamic and influenced 
by many factors. The same car with the same driver will not have 
the same fuel consumption if we change even the weight of the 
load, route, or the weather. The same applies if we change the 
driver or the vehicle in the same route with the same load. Due to 
all these effects there is need to follow the well-defined 
methodology that establishes the procedure and measurement 
conditions in determining consumption. The methodology should be 
as precise as possible and be as objective as possible to reflect the 
fuel consumption of the vehicle. In order to ensure the desired 
results of the measurements there have been created the several 
types of methodology which can be divided:  

1 according place of performance: a) exterior - driving tests, b) 
interior - tests on a dynamometer; 

2 according the vehicle operating modes: a) defined operating 
modes, b) normal operation of the vehicle; 

3 according to methods for the detection of fuel used: a) 
volumetric (can be performed in laboratories, and outside), b) 
gravimetric (usually linked to the laboratory conditions).  

 

4.  Measuring of fuel consumption of truck Man 
Process of measuring fuel consumption of the vehicle has been 

adapted to be applicable for the purposes of this article and its 
outputs applied in practice in the operation of a particular fleet of 
transport company. The measurement procedure and the use of 
equipment and processing results base on the basis of standard 
,,STN 30 0515” (Slovac technical standard), but some aspects are 
modified, because the main essence of the measurement is usable 
result. The measurement is performed at the request of the carrier. 
Carrier requires three outputs of measurements on which he will 
take the necessary steps to reduce the fuel consumption of the 
vehicle fleet and thereby more efficient its operations. Carrier 
requires: 

1, Quantify the impact of pressure of tires on fuel consumption, 
2, Quantify the impact of deflector position on fuel 
consumption, 
3, Quantify the fuel consumption at different operating speeds 
(80, 85, 90 kmh-1). 
 

4.1.  Vehicle  
For performance measurements were used vehicle ,,MAN TGL 

12250”. This vehicle belongs to a category of vehicles with a gross 
weight of 12 tones. 

,,STN 30 0515” standard specifies that the measurement of fuel 
consumption shall be performed in instantaneous vehicle weight 
corresponding to its total vehicle weight, in special case in the 
different weight. To ensure the highest explanatory result for the 
carrier, the vehicle was loaded with load weighing 3900 kg, with 
two people and with measuring equipment weighing 170 kg. 
Weight of the load approximately corresponds to average loading of 
a vehicle. 

Pallet units with concrete blocks were used as a load. Weight of 
one unit is 780 kg. During road test the vehicle was loaded with five 
pallet units, which corresponds to the mentioned average vehicle 
loading vehicle of this group. 

They were stored in the load floor in order to meet legislative 
and structural conditions of the weights falling to the axle of the 
vehicle. 

 

 
Fig. 3 Load 

 

4.2. Route 
the most suitable route, in view of the requirements of the 

standard ,,STN 30 0515” the runway determined to measure the fuel 
consumption, is on the first class road No. 61. It is a long straight 
road of almost 2 km (1940 m) between the villages of ,,Nove Mesto 
and Považany”, between 97 and 99 kilometres. It is a renovated 
road where was given a new asphalt surface during the summer of 
2012. So it is in the very good condition without tracks and 
potholes. Total longitudinal slope of the route is 0,14%, and there is 
a vertical elevation of about 2,67 m on the mentioned length 1940 
m. The considered measuring road is length 1.5 km, so that ensure 
adequate track for acceleration and safe deceleration of the vehicle. 

4.3. Measuring equipment’s  
For measuring fuel consumption there is need to use the main 

measuring equipments (for monitoring the amount of consumed 
fuel), evaluation equipments, but also the technique for measuring 
the secondary parameters as a the instantaneous velocity, running 
distance, time, temperature, pressure and technique used for 
documenting process. Below there are the main apparatus used for 
measurement. They can be divided by the measured quantity: 

1. Measuring of volume of fuel consumption (Flow-meter 
Datron DFL – 3, fig. 4),  

2. Processing and displaying data from the flow meter (Correvit 
a EEP – 2),  

3. Recording speed, position and distance of the vehicle (TX 
300),  

4. Sensing the external weather conditions (Weather station),  

5. Detecting the temperature of fuel in the tank (Glass 
thermometer). 

The flow meter is connected directly on vehicle into the fuel 
system with added fuel hoses, quick connectors and reducers. It is 
located on the load floor. It is situated in the system in line between 
the fuel tank and fuel supply pump.  Fuel supply pump pulls the fuel 
through the flow meter under pressure. It would not be possible to 
engage flow meter behind the pump, because it creates the pressure 
up to 11 bar and working pressure of a flow meter is only 5 bar. 

The flow meter is also connected on fuel return line returning 
from the high-pressure injection pump back into the tank, so it 
counts only the amount of really consumed fuel. 
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Fig. 4 Connecting of flow meter in fuel system 

 

5.  Measuring results 
In volumetric measurement and measurement with the flow meter it 
is necessary to recalculate consumption due on reference conditions 
according to the following formula: 
 

𝑀𝑀=𝑉𝑉[1+𝛼𝛼(𝑡𝑡0−𝑡𝑡𝐾𝐾)]𝑠𝑠.100 

 M- fuel consumption [l/100km], V- amount of fuel consumed 
during the test [l], α- temperature coefficient of volumetric 
expansion of fuel (α = 0,001 °C-1) [-], tK- fuel temperature during 
the test (arithmetic. average of the temperatures at the beginning 
and end of the measurement) [K], t0- reference temperature of fuel 
(15°C),  s- length of measured distance [km]. 

In Table 1 there is an example of the record and the conversion 
of the measured and referenced fuel consumption. For each trial 
were performed 4 rides with the vehicle and then from them 
calculated the average value of the reference fuel consumption. 

Table 1: Fuel consumption result  

No. 
Consumed 
 fuel (l) 

Length 
(km) 

Avg. 
speed 
(km/h) 

Fuel 
consumption 
(l/100 km) 

Reference 
fuel 
consumption 
(l/100 km) 

1 0,256 1,5 86,7 17,06 16,58 

2 0,280 1,53 87,5 18,28 17,77 

3 0,258 1,53 88,2 16,87 16,4 

4 0,269 1,5 86,3 17,9 17,4 

Avg     17,04 
 

5.1. Impact of pressure of tires on fuel 
consumption 

In this measurement is concerned an expression of change the 
rolling resistance of the tires with regard on change of the pressure 
in them. Fuel consumption was measured when the tires was 
inflated to 70, 85 and 100 % of the pressure prescribed by the 
manufacturer. Three measurements were made. Each measurement 
consists of tire pressuring to the required pressure in the area of the 
company performance and from driving tests. It is concerned total 4 
rides along the intended route for measuring (two runs in each 
direction along the route). 

Table 2: Fuel consumption at changing the tire pressure 
Tires pressure Fuel consumption (l/100km)  Difference 

100% 17,04 0% 
85% 17,40 2% 
70% 18,29 7% 

5.2. Impact of deflector position on fuel 
consumption 

Task of this test was to quantify the influence of the position of 
the deflector on fuel consumption. Deflector, colloquially called as 
spoiler, serves to direct circumfluent airflow over the cabin of the 
vehicle to could continue flow over the vehicle length. 

It is one of the aerodynamic body elements serving to reduce 
aerodynamic resistance and thus reduce fuel consumption of the 
vehicle. Aerodynamic elements are placed on the body of vehicles 
in order to reduce coefficient of air resistance cX (along the 
longitudinal axis of the vehicle) and to increase coefficient cZ (in 
the direction of the vertical axis of the vehicle). Increase of cZ is 
reflected by increase of the vertical compressive force of the vehicle 
on the road. It is mostly used in racing cars to achieve greater 
driving stability. In ordinary vehicles is monitored particularly 
reducing cX and that for the mentioned purpose of reduction fuel 
consumption. 

Fuel consumption was determined in three positions of the 
deflector shown in Fig. 5. Three measurements were performed, 
each from them consists of:  

1, Set of the deflector on the desired location in the area of 
company,  

2, Perform driving tests. It is a total 4 rides along the route 
intended to measure (two-rides each way along the route). 
 
Table 3: Fuel consumption at changing the deflector position 
Deflector  setting Fuel consumption 

(l/100km)  
Difference  

base (3) 17,04 0% 
above (2) 17,38 2% 
bellow (1) 17,77 4% 
 

 
Fig. 5 Deflector position 

 

5.3. Impact of vehicle speed on fuel consumption 
Another task of this research was to quantify the impact of 

speed on fuel consumption. The impact of speed on fuel 
consumption of vehicles is very significant, because performance 
that must vehicle make is the conjunction of rolling resistances and 
the instantaneous velocity of the vehicle. So with higher speeds 
increase also the resistance performance. In rolling and air 
resistance is a non-linear growth. In rolling resistance speed affects 
the size of the coefficient of rolling resistance fV and the power 
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required to overcome air resistance is increasing by the cube of the 
speed. 

Fuel consumption was determined at three constant speeds of 
the vehicle (80, 85 and 89 km h -1). There were performed 3 
measurements. Each of it consists of:  

1, Departure of the vehicle from the company area to the 
measurement place,  

2, Perform the driving tests – totally 4 drives on the route 
intended for measuring - two runs in each direction along the route. 

Table 4: Fuel consumption at changing vehicle speed 
Speed Fuel consumption (l/100km)  Differce  

89 km/h 17,04 0% 
85 km/h 15,46 -9% 
80 km/h 14,40 -15% 
 

6. Conclusion 
Measurement of fuel consumption of trucks using volumetric 

flowmeter can be considered as one of the complicated tests of the 
vehicles. It is used especially when is need to perform the driving 
tests.  

The laboratory of Department of road and urban transport is 
equipped with a flow meter ,,Datron DFL-3”, which in connection 
with a recording device ,,Correvit EEP-2” allows to perform this 
kind of tests. Before the own measurement it is necessary getting to 
know the fuel system of the test vehicle. Technician must properly 
connect the flow meter into the fuel system of the vehicle. 

The results of the fuel consumption of vehicles MAN TGL 12.250 
indicate the following conclusions and recommendations for the 
operation of the vehicle. 
 

1, Measurement results show what extent affects tire inflation 
pressure on consumption of the vehicle. Tire pressure reduced to 
70% of the prescribed pressure represents the enormous increase in 
fuel consumption by as much as 7 % when driving at a steady speed 
on a flat surface. The pressure drop for such value may be caused 
by failure or by the gross negligence of the technical condition of 
vehicles. However, the pressure drop to prescribed 85 % is a 
common phenomenon that often occurs in the operation of vehicles. 
He can increase fuel consumption by 2 %, which represents 
approximately 0,4 l/100km. 

2, Measurement results show how much deflector position 
affects at the fuel consumption. The verdict is clear. The lowest 
consumption was achieved in coordinating the height edge of the 
deflector and superstructure. However, also important is the fact 
that if edge of the deflector is higher than the body (position 
"above"), the vehicle achieves a better fuel economy than in the 
position where the edge of the defector under the superstructure 
(position "under"). This fact will help especially in questionable 
positions. Nowadays deflectors are made to could be adjusted to 
multiple positions. Between positions is the same difference in 
height, a few centimeters. It may happen that in one position the 
edge of the deflector is under the edge of the superstructure and in 
the next is over. View of the results of measurement we recommend 
choosing position slightly "above". 

3, Speed is a quantity that directly affects only air resistance. 
However, if we describe the power required to overcome the road 
resistance, it performs at every member, even in air resistance its 
cube. Reducing vehicle speeds we achieve that, the vehicle will 
have to make less performance to overcome the road resistance, 
thus will be reduced the fuel consumption. Also engine speed is 
lower at lower vehicle speed. This means that the engine can work 
in a lower effective consumption also in expending the higher 
performance. This will reduce fuel consumption and wear of 
moving parts of the whole vehicle. 

References 
[1] GONDŢÁR, A – GONDŢÁR, K. Automobily a spotřeba paliva. 
9. vyd. Praha: Nakladatelství dopravy a spojů, 1990. 284 p. ISBN 
80-7030-085-X 
 [2] HLAVŇA, V. a kol. Dopravný prostriedok a jeho motor. 
Ţilina: EDIS, 2003. 442 s. ISBN 80-8070-046-X 
[3] LIŠČÁK, Š. a kol. Podvozky cestných vozidiel. Ţilina: EDIS, 
2006. 136 s. ISBN 80-8070-588-7 
[4] STN 30 0515. Spotreba paliva – Nákladné automobily a 
autobusy. 1987 
[5] HESEK, F., ĎURČANSKÁ, D. Vplyv rýchlosti auta na 
produkciu znečisťujúcich látok In 14 Česko-Slovenská 
bioklimatologická konference. Lednice na Moravě, 2002. s. 121 – 
131. ISBN 80-85813-99-8 
[6] ŠARKAN, B., HOLEŠA, L. Laboratórne meranie spotreby 
paliva pri simulácií mestského jazdného cyklu za rôznych 
technických podmienok In 6. Medzinárodná vedecká konferencia: 
CMDTUR 2012. Žilina-Stráža: Žilinská univerzita v Žiline. Fakulta 
prevádzky a ekonomiky dopravy a spojov. Katedra cestnej a 
mestskej dopravy, 2012. s. 335 – 344. ISBN 978-80-554-0512-4 
[7] VRÁBEL, J., RIEVAJ, V.: Tire inflation pressure influence on a 
vehicle stopping distances. In: International Journal of Traffic and 
Transportation Engineering. - ISSN 2325-0062. - Vol. 2, No. 2, 
(2013), s. 9-13. 
[8] KAMBLE, H.S., MATHEW, V.T., SHARMA, G.K.: 
Development of real- world driving cycle. Central institute of road 
transport, Pune, 2005.  
[9] FINCH, S., HNILICKA, B.- SINADO, H.: EURO 6. Light-duty 
vehicle OBD project. Cambridge technical centre, Cambridge, 
2010.  
[10] GONGLAVES, G.A., FARIAS, T.L.: On-road measurements 
of emissions and fuel consumption of gasoline fuelled light duty 
vehicles. Instituto Superior Tecnico, Lisbon.  
 

 

 

 
 

10



 

FLEXIBLE COMPUTER BASED CONTROL OF IGNITION AND INJECTION UNITS 
OF A GASOLINE ENGINE WITH SKIP CYCLE MECHANISM 

 
Ö. Tekeli 1 , B.Doğru 1 , C.Baykara 1 , O. A.Kutlar 1 , H.Arslan 1   

Faculty of Mechanical Engineering, Istanbul Technical University, Gumussuyu, Istanbul, Turkey1 

 

Abstract: In this study, timing of injection and ignition also duration of injection and dwell time of a single cylinder research engine 
were controlled with a computer based electronic unit. To determine the valid timing and duration, the compression top dead center of 
engine crankshaft was become equivalent to the trigger signal of incremental encoder and the control system was able to design for adapting 
the conversions at load and engine speed. By using the control system, the real time tests were carried out in a gasoline engine with skip 
cycle mechanism depending upon permitted certain parameters constant and others changed.   

Keywords: SKIP CYCLE MECHANISM, COMPUTER BASED CONTROL, IGNITION, INJECTION 

 

1. Introduction 
Skip cycle strategy is one of the methods to reduce the fuel 

consumption and pumping losses at part load conditions in spark 
ignition engines. The aim of the method is to cut off the fuel and 
stop the air supply into the combustion chamber (S : Skip cycle 
mode) in some sequential four stroke cycles by controlling the 
intake and exhaust poppet valves also increase the fuel – air 
charge in normal cycles ( N : Normal cycle mode) [1] 

Skip cycle system gives the opportunity to control the 
effective stroke volume of the engine and reduces the negative 
effects of conventional throttle valve control at part loads. This 
effect is similar to that of variable displacement method which 
disables some of the cylinders. But there is no possibility to 
practice the variable displacement method in a single cylinder 
engine. Besides, skip cycle system has the potential to control 
individual cylinders working conditions. This has an additional 
advantage to change engine operation from one mode to another 
during load control by smaller steps, thus smoothing this mode 
transition, which leads to prevent engine roughness caused by 
sudden fluctuations in engine moment [2] 

Engine research and development always has been very 
expensive, time – consuming and complex work. Experimental 
studies on this field include lots of different constructions and 
measurements on an engine. The most important and necessary 
part of this work is the research engine. Because of its reducing 
testing costs, minimizing development times and having great 
flexibility, generally single cylinder engines are used as research 
engine. 

There are many various studies focused on controlling of 
ignition and injection. In the study of  Kutlar et al., the control of 
a single cylinder with four stroke gasoline engine was carried out 
by a standard inexpensive PC. According to the resolution of 
used encoder, the advances and time values also throttle position 
were adjusted arbitrarily to obtain an engine optimization. [3]  

Robert T P et al controlled a two cylinder and four stroke 
motorcycle engine by a microprocessor based unit. The throttle 
valve position with respect to crankshaft angle, temperature of 
inlet air, injection advance and dwell angle could be altered on 
account of serial communicated interface programme. [4]  

In a recent study; injection duration, injection angle, ignition 
angle and dwell angle were controlled considering the engine 
map, engine speed and load conditions of a four stroke 
motorcycle engine [5]  

In this study, the ignition and injection units of a a single 
cylinder, four stroke gasoline engine were kept under control by a  

 

 

microcontroller, which operated the coil and injector drivers, 
through a flexible computer interface.  

2. The Importance of ignition and injection on cycle 
skipping and engine performance  

Alongside of poppet valves control, cut off injection from 
over injector also ignition from spark plug have significant 
impacts on a full skipped cycle. If the injection proceeds during 
the skipped cycle, the fuel cumulates in front of intake port. 
While the engine runs on a normal cycle, the fuel is smeared to 
manifold walls and poppet valve also the directed into the 
combustion chamber. This causes a fuel consumption increase in 
skipped cycle due to the lack of air flow between manifold and 
cylinder. Cutting off ignition application is a precaution against 
the possibility of fresh charge leakage through the poppet valves 
in skipped cycle.  

Injection duration of fuel also advances of injection and 
ignition are impressive on engine performance. To optimize the 
engine, all of these parameters have to be controlled. In a 
conventional spark ignition engine, the fuel and air mixed 
together in the intake system, inducted through the intake valve 
into the cylinder, where mixing with residual gases take place, 
and then compressed. Under normal operating conditions, 
combustion is initiated towards the end of the compression stroke 
at the spark plug by an electrical discharge. Combustion event 
must be properly located relative to the TDC to obtain maximum 
power or torque. Ignition advance is particularly effective on 
knock possibility and maximum engine moment.  

In Figure1, graphs about the impacts of ignition advances 
were shown. Case (a) represents the optimum ignition timing. 
The area under the cylinder pressure – advance angle diagram 
shows the maximum value. In other words, cycle efficiency is 
maximum.  

If the start of combustion process is progressively advanced 
before TDC, the compression stroke work transfer, which is from 
the piston to the cylinder gases, increases (Case b). Due to the 
bigger advance angle the temperature and pressure reach a level 
with the knock possibility and piston is exposed to sudden and 
high forces.  

If the end of the combustion process is progressively delayed 
by retarding the spark timing, the peak cylinder pressure occurs 
later in the expansion stroke and is reduced in magnitude (Case 
c). These changes reduce the expansion stroke work transfer from 
the cylinder gases to the piston. The optimum timing which gives 
maximum brake torque, called maximum brake torque or MBT 
timing, occurs when magnitude of these two opposing trends just 
offset each other. Timing which is advanced or retarded from the 
optimum, gives lower torque.  
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Figure 1. Effects of ignition timing [6] 

The other parameter, has to be controlled, is opened position 
duration of primer circuit called as dwell time. Dwell is the 
length of time the ignition coil takes to fully charge ready to 
make a spark. The dwell angle was the amount of rotation of the 
crankshaft that corresponded to the points being closed. This 
affects the charge time of the coil and hence spark length. Dwell 
was important then, because at higher rpm’s the dwell time 
(points are closed to charge the coil) was not enough to fully 
charge the induction coil. That meant less voltage spark at higher 
rpm’s.  

The current in the coil primary circuit doesn’t rise from zero 
to its maximum value instantaneously when the contact breaker 
closes, but requires a short time interval to overcome the 
inductive effect of the coil. The contacts must therefore be closed 
long enough for the current to build up. [7] 

As engine speed increases, the dwell angle remains virtually 
constant but the revolution of the cam becomes more rapid and 
the time during which the contacts are closed is reduced. The 
primary current may not have time to build up to its maximum 
value, resulting in reduced magnetic field intensity and reduced 
secondary voltage.  [7] 

To avoid the decreasing of secondary circuit voltage, the 
dwell time must be fixed to a value (i.e. 4 ms) and independent of 
engine speed by using interface programme. All in all, when the 
engine speeds up, ignition advance and dwell angle should be 
increased.   

The injection control unit is responsible for the determining 
of injection advance and injection duration. The fuel can be 
injected fully before the intake poppet valve opens or partially 
while the valve has already opened. Due to the homogeneous 
mixture of fuel and air in intake manifold of the gasoline engines, 
injection pressure and injection cone are not substantial for this 
type injection systems. The sensitive adjustment of injection 
timing does not play a great role on engine performance and 
combustion phenomenon. Fuel injection duration determines the 
fuel quantity injected per cycle by the opened position time of 
injector which triggered by its solenoid. The main factors to 
detect the injected fuel quantity are load percentage, engine speed 
and flow characteristics of used injector.  

The preferred case for injection timing includes a finished 
injection process before the intake poppet valve opens (16 CA 
before TDC). The valve should be opened shortly after the end of 
injection. If the fuel is injected before the valve opens, the fuel 
consumption will deteriorate with the smearing of fuel into valve 
and manifold walls. There will be a possibility about the 
vapouring of fuel before penetrating into combustion chamber 
with regards to high temperatures on cylinder head. Besides, 
taking into combustion chamber of injected fuel with short time 
triggers is significant notably. 

 

 

 

 

3. Selection of Research engine and constructive 
modifications  

To carry out the experimental studies, an engine was selected 
to accommodate our bench marks represented below:  

• It must be a single cylinder spark ignition (SI) engine. 
• It must be a water-cooled engine for reliable and accurate 

engine temperature control. 
• Auxiliary equipment (alternator, cooling pump, oil pump, 

etc.) should be driven separately from the engine not to 
effect the indicated properties of the engine. 

• Fuel injection system is necessary to regulate air-fuel 
mixture correctly. 

• Physical properties of the engine such as bore-stroke, 
compression ratio, combustion chamber (CC) geometry 
should be similar to the present passenger-car engines. 

• Constructive changes could be easily made on the engine. 
• Enough space must be on the engine for mounting of 

control and measurement devices. 

Considering the above constraints, a single cylinder 
compression ignition (CI) engine was chosen (Table 1) from the 
domestic market. It was decided to convert to a spark ignition 
(SI) engine subject to necessary physical modifications. We 
agreed that Lombardini LD450 engine was a valid option because 
of its specifications such as water cooled, direct injected and 
enough stroke volume.  

Table 1. Lombardini 3LD 450 engine specifications 
Number of cylinders 1 
Stroke volume 454 cm3 
Bore×Stroke 85×80 mm 
Compression ratio 17,5:1 
Intake valve diameter 32 mm 
Exhaust valve diameter 27 mm 
Intake valve lift 10 mm 
Exhaust valve lift 10 mm 
Intake valve opening 160 CA BTDC 
Intake valve closing 400 CA ATDC 
Exhaust valve opening 400 CA BBDC 
Exhaust valve closing 160 CA ATDC 
Valve overlap duration 320 CA Symmetric  
Pushrod length 145 mm 
Valve clearance in cold engine 0,2 mm (Intake and exhaust)  

 
Changing compression ratio and combustion chamber geometry to 

meet SI engine requirements were done almost by the modifications on 
the piston. Original piston cavity wasn’t at the cylinder center (was 
eccentric) but injector was on the center. To get a new compression ratio, 
the eccentric piston cavity was enlarged to a diameter of 56 mm so that it 
was brought to the center also depth of the cavity was increased from 14 
mm to 19mm. In addition, piston head was chamfered to avoid the 
damage on cylinder wall (Figure 2)  

 
Figure 2. Original and revised piston 

The combustion chamber geometry with this piston cavity is 
not a common design type. It is possible to use other piston 
variations except this geometry. But, engine performance can’t 
be changed significantly considering the other academic 
studies.[8] With these modifications, new compression ratio was 
calculated as 9,5:1.  
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Figure 3. The holes on cylinder head (Left side hole for spark plug and 
right side hole for pressure transducer 

The hole belonged to fuel injector for the original head was 
threaded suitably to mount a standard M14 short threaded spark 
plug. This hole is very close to the center. (Figure 3) An 
additional hole was dug on the cylinder head that will be used to 
mount a pressure transducer (Figure 3) Our main aim in 
experimental studies doesn’t interest with leaning of the mixture 
(fuel stratified strategies) Besides, recent studies have proved the 
necessity of centric location of spark plug in lean mixture engines 
with swirl charge motion. So, a centric spark plug mounting on 
the cylinder head won’t make a negative effect. On the other 
hand, swirl air motion in the cylinder trails the injected fuel 
droplets into the intake manifold to outside of the wall. Motion of 
the charge becomes stronger from cylinder center to cylinder 
radial direction. Because of this reason, the thought of eccentric 
mounting of spark plug was practiced. A study in the literature 
refers to an eccentric spark plug location due to stronger charge 
motion [9] 

One of the most challenging modifications of the research 
engine was the intake manifold design. Size and location of 
throttle valve, also location and injection angle of fuel injector 
are the important issues that must be decided carefully. Size of 
throttle valve directly effects the load control sensitiveness of the 
engine at part load conditions. But the load control mechanism 
which skips the cycle is related with poppet valves, not throttle 
valve in this study. Injector location is important for mixture 
formation process and injection angle must be in correct position 
to avoid fuel film development on the intake manifold and intake 
valve.  

4. Configuration of control unit  

4.1. Description of system components  
The control unit is divided into two groups as of hardware 

and software. The hardware consists of spark plug, ignition 
module, ignition coil, coil driver, injector driver, injector, 
incremental encoder and a single cylinder research engine. The 
software includes a complier programme for microcontroller and  
a programme written in C language for the computer interface. 
The working principle of control unit can be seen in Figure 4.  

 
Figure 4. Flow chart of control unit 

The open – sourced Arduino microcontroller operates the 
driver board via committing the signals come from incremental 
encoder by means of written programme (Arduino software 
IDE)on itself. The interface programme is serial communicated 
with the computer also all the ignition and injection inputs as for 

ignition timing, dwell duration, injection timing and injection 
duration can be real – time controlled.  

Table 2. Arduino ATMega 2560 microcontroller specifications 
Operating voltage 5V 
Input voltage 7-12V (limits 6-20 V) 
Digital input/output pin 54 items 
Analog input pin 16 items 
Counter hardware 8 bit 
Timer hardware 8 bit 
Clock frequency 16 MHz 
USB input Serial communication 

 

The controlled parameters via interface are ignition timing 
(CA), injection timing (CA), injection duration (ms), dwell 
duration (ms) and cycle modes (N,NS,NSS). In addition, engine 
speed can be read on the programme. (Figure 5) 

 
Figure 5. Interface programme 

Cut off injection from injector and ignition from spark plug 
according to desired flexible crankshaft angle could be controlled 
by the programmed electronic board. The encoder used for the 
control unit, works as a pulse counter. It was coupled to a shaft 
which rotated on the same angular velocity with the engine 
camshaft. So there was no possibility to confuse the start of 
intake TDC and end of compression TDC on that shaft.  

Table 3. Specifications of incremental encoder (Heidenhain ROD 426) 
Number of signals per a round 7200 (TTL×2) 
Power supply 5V, 120 mA 
Shaft diameter 6 mm 
Electrical connection Cable 
Pin connections  12 pins (with M23 connector) 
Shaft connection K17 Diaphragm coupling  

The microcontroller picks up the end of compression TDC 
and camshaft angle signals, then commands for fuel injected in 
front of intake port also after for ignition from spark plug into the 
combustion chamber. The trigger signal (initiator signal) doesn’t 
relate structurally with the end of compression TDC. Trigger is 
only a random and different voltage level with respect to other 
signals occurred by the angular motion of incremental encoder.  

4.2. Working principle of system 
The incremental encoder is an angular position determiner 

that converts the analog signals to digital signals. It sends these 
signals to the microcontroller and helps to determine the position 
of engine.  

The basic configuration is to correspond the end of 
compression TDC of skipped cycle to the trigger signal of 
encoder. The microcontroller detects the difference angle 
between these two signals. It is called “Trigger Signal Eccentric”. 
The control system was designed to respond all engine speed and 
load conditions also adapted skip cycle strategies as NS and NSS. 
The experiments were carried out by the method of fixing some 
parameters constant and the others changing.  
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Figure 6. Schematic representation of NSS strategy due to crankshaft 
angle 

The cycle regulation of NSS strategy due to crankshaft angle 
is represented in Figure 6.  

• 0 – 360 crankshaft angle gap : Skipped cycle 1 – 
Section 2 

• 360 – 1080 crankshaft  angle gap : Normal cycle  
• 1080 – 1800 crankshaft angle  gap : Skipped cycle 2 
• 1800 – 2160 crankshaft angle  gap : Skipped cycle 1 – 

Section 1 

The crankshaft rotates 6 and camshaft 3 times in whole NSS 
strategy. In the first rotation of camshaft (0-720 crankshaft angle) 
the exhaust poppet valve is closed and intake is opened. In the 
second rotation, the exhaust is opened and intake is closed. In the 
third rotation, both of the valves are closed. The incremental 
encoder provides a measurement resolution of 0,05 camshaft 
angle with respect to 7200 pulse production in one rotation. 

To position the trigger signal of encoder correctly, first  it is 
necessary to define the TDC of engine. To achieve that detection, 
cylinder head is pulled out firstly. Then piston rings are removed 
to reduce the friction and to turn the flywheel easily. Two dial- 
indicators, one in the top of the piston in centered position, the 
other on the flywheel surface are mounted to define the position 
of piston and flywheel. A scale with 0,5 mm intermittent is 
placed horizontally on the cylinder wall. So it becomes possible 
to observe crank angle in 0,2°  sensitiveness by this scale. Then 
flywheel is turned in two directions (to the left and to the right) 
and for each direction one TDC point is worked on the flywheel 
by the help of dial-indicators. 

So there become two marked TDC points on the flywheel. 
The real TDC point is found by taking middle of these two 
marked points (Figure7). The reason of turning the flywheel in 
two directions is to eliminate the mislead effects of clearances in 
the crank-rod-piston mechanism. Only piston and crankshaft 
synchronization is determined up to this point.  

The marked TDC on the flywheel must be equivalent to the 
end of compression TDC of skipped cycle and also trigger signal 
of incremental encoder. After the TDC marking process on the 
flywheel, the skip cycle mechanism is adapted to the engine. The 
mechanism must be mounted in a position which fixes the end of 
compression TDC of skipped cycle to the marked point on the 
flywheel. This position is balanced to the middle point of skipped 
cycle. It can be observed by the motion of tappets, pushrods or 
rocker arm. 

Last synchronization is balancing the engine and skip cycle 
system to the electronic control unit. The trigger signal was 
marked on the encoder by the manufacturer before. While the 
skip cycle mechanism is fixed to the end of compression TDC, 
the trigger point on the encoder must be positioned on the top 
manually as possible. Then, encoder is mounted and engine is 
rotated slowly. The interface programme determines the angle 
difference between the trigger signal and assumed TDC of 
encoder shaft, also set it to zero. This position is the starting point 

of engine, running skip cycle mechanism and control unit. 
Control unit can only collects the correct signals and commands 
ignition and injection components in order of injection of fuel 
into intake manifold and ignition of spark into the combustion 
chamber in first camshaft cycle and they mustn’t be decomposed 
to the other cycle. 

After finishing the synchronization, we needn’t to determine 
TDC again unless the encoder is demounted or exposed to a 
relative slipping. 

 
Figure 7. Determination of top dead center of the research engine 

Assume that engine speed is 2000 rpm, injection duration is 
10 ms and dwell duration is 4 ms fixed for NSS strategy. 
Incremental encoder counts 7200 pulse per a round or 20 pulse 
for a camshaft angle. This means, ignition and injection advances 
also injection duration can be regulated by 1/20 = 0,05 camshaft 
angle = 0,10 crankshaft angle resolution. The microcontroller 
must be commanded ignition and injection in the same camshaft 
cycle. According to this reality, a cycle order has been performed 
as seen in Figure 6. 

The intake poppet valve opens 16 crankshaft angle before 
TDC. If the injection duration is fixed to 10 ms, the period of 
injection is in a 120 crankshaft angle period for the related engine 
speed. For this reason, injection starts at 136 crankshaft angle 
before start of intake TDC and continues until the intake valve 
opens. As can be followed in Figure 6, 224. crankshaft angle (or 
112. camshaft angle) is the start point of fuel injection. 

The spark plug is firing 10 crankshaft angle before the end of 
compression TDC. It represents the ignition advance angle. 
Ultimately, the crankshaft angle difference between start of 
ignition and injection corresponded to 486 degrees, in other 
words 243 camshaft angle.  

The duration of opened position of primer coil circuit was 
fixed to 4 ms. At the related engine speed, this corresponded to 
48 crankshaft angle. Dwell angle could be defined as 662. and 
710. crankshaft angle. 

If the trigger signal is corresponded to the end of 
compression TDC of skipped cycle; 

• Start of injection: (224/2)x20=2240 signals after trigger 
signal 

• Ignition timing: (710/2)x20=7100 signals after trigger 
signal 

• Start of dwell: (662/2)x20=6620 signals after trigger 
signal 

• Injection duration: ((344-224)/2)x20=1200 signals  
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Figure 8. Schematic representation of NS strategy due to crankshaft 
angle 

The cycle regulation of NS strategy due to crankshaft angle is 
represented in Figure 8. 

• 0 – 360 crankshaft gap: Skipped cycle – Section 2 
• 360 – 1080 crankshaft gap: Normal cycle 
• 1080 – 1440 crankshaft gap: Skipped cycle – Section 1 

The crankshaft rotates 4 and camshaft 2 times in whole NS 
strategy. In the first rotation of camshaft (0-720 crankshaft 
angle), the exhaust poppet valve is closed and intake is opened. 
In the second rotation, exhaust is opened and intake is closed. 

4.3. Basic Electronic components of Control Unit  

The details of basic components of ignition and injection 
control unit are described below. These are; interrupt pin, counter 
pin, digital input/output pins; power supply, injector driver and 
coil driver. All of them communicate each other directly or 
indirectly.(Figure 10)  

Interrupt pin : If an interrupt signal occurs, while 
microcontroller is running another process, it stops the running 
process and starts interrupt function. Arduino Mega has 3 internal 
interrupt function. When research engine runs at 6000 rev/min 
and collects 7200 pulses per cycle, its frequency reaches 360 
kHz. So, Atmega 2560 16 MHz processor is enough for all. 

Counter pin : Arduino Mega has 5 timer/counter. First timer 
is for microcontroller’s time processing. Each cycle has 7200 
pulses and we need 21600 pulses for NSS cycle to count. Timer 5 
is a 16 bit counter and it is suitable to count NSS cycle. 

Digital input/output pins : Injector and ignition signal outs 
are defined as digital outs of 11. and 12. pins. 

Power supply : A battery is used for power supply unit to 
support the vehicle standards. No alternator ise used. Because  
the alternator power consumption obtained from the crank shaft 
effects the measurements. The battery is charged by power 
supply unit from outside along the test time. Boards of driver and 
microcontroller’s ground terminal were split up because spark 
plug’s high voltage can damage microcontroller and encoder. 
Octocoupler is used for this reason. Encoder needs 120mA at 5V 
and this is acceptable for Arduino 5V output. A 9V 1A power 
unit is used for Arduino power supplement. 

Injector driver : Injector driver switches injector very fast. 
Lots of injectors need 700mA at 13V. IRFZ44n mosfet is used 
for switching injector. 

Coil driver : For coil driver GM DR100 ignition module is 
used. DR100 module is chosen because of containing high 
voltage switching transistor, heat sink, a current limiter. Also 
supports primer coil resistance 2.5 ohm coils and plug easily. 

5. Choosing and controlling ignition and injection 
systems components 

Spark plug, ignition coil, ignition module, injector and 
injection pumps are chosen for skip cycle mechanism tests. In 
Figure 9, ignition and injection components can be seen. Each 
component is managed by electronic control units for controlling 
ignition and injection system.  

 
Figure 9. Components of chosen ignition (a) and injection (b) systems 

Microcontroller sends a signal to ignition module according 
to camshaft position and control program on PC. Normally, this 
signal is sent by hall sensor in distributor, but in this system, this 
signal is generated by microcontroller. The signal switches the 
ignition module and ignition module controls the primary circuit 
of the ignition coil. Finally, switching of the primary circuit, high 
voltage happens in secondary circuit then spark plug.  

Table 4. Specifications of chosen ignition coil 
Primary resistance (𝑚𝑚Ω) 712 
Secondary resistance (𝑘𝑘Ω) 10,33 
Primary inductance 3,23 mili Henry 
Secondary inductance 54,4 Henry 

 

 
Figure 10. Electronic control unit and connections with motor equipment 

When engine speed increases, dwell time decreases and 
ignition advance increases. When dwell time decreases, ignition 
coil voltage decreases, for this reason dwell time is set constant 
(i.e. 4 ms), and it isn’t related with engine speeds. In tests, AC 
Delco R4602 spark plug is used. (Table 5) 

Table 5. Specifications of chosen spark plug  
Shell thread 14 mm 
Seat type Düz 
Thread reach 17,5 mm=(11/16)” 
Hex (5/8)” 
Heat range 4 
Resistor Var 
Gap 0,8 mm 
Electrode type J1 tipi 
Ground electrode Nikel (Ni) 
Center electrode Bakır (Cu) 
Low voltage resistance (LVR) 3 Ω 
High voltage resistance (HVR) 9 Ω 

 

In the experimental study, injection units of four cylinder 
Tofaş Tempra 1.6i engine and six cylinder Bmw 3.0i were used. 
These components were chosen because of approximate stroke 
volume (400𝑐𝑐𝑚𝑚3) with the test engine (454𝑐𝑐𝑚𝑚3). Also injector 
flow rate characteristic was defined by experiments in this test 
bench. These components can be seen in Figure 11.  
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Figure 11. Flow rate test set up 

Gasoline with density 0,745 𝑔𝑔/𝑐𝑐𝑚𝑚3 was used as injection 
liquid. Injection rail pressure was set constant (i.e. 3 bar). Three 
of four injector on rail was closed and only experimental injector 
was controlled by microcontroller. Different injection durations  
were set at a constant injection cumulative and total injection 
quantity was collected in a measurement beaker and weighted on 
a sensitive device. 

Table 6. Flow characteristics of chosen injector 

Injection 
duration [ms] 

Injection amount [g] 
(Cumulative of 1000 

injection) 

Injection flow rate 
[g/s]                        

Tempra&Bmw Tempra Bmw Tempra Bmw 
2 9,69 9,69 4,84 4,84 
3 13,41 13,04 4,47 4,35 
4 16,39 16,76 4,10 4,19 
5 18,63 19,37 3,73 3,87 
6 20,86 22,35 3,48 3,73 
7 23,84 25,33 3,41 3,62 
10 32,04 33,90 3,20 3,39 
12 36,51 40,23 3,04 3,35 
15 43,96 49,92 2,93 3,33 
18 52,15 57,37 2,90 3,19 

 

For injection duration; 2, 3, 4, 5, 6, 7, 8, 10, 12, 15, 18 ms 
tests are done. Assuming engine speed 2000 rpm, 1000 injection 
signals  are sent by microcontroller in a minute. Test results are 
seen in Table 6 and Figure 12.  

 
Figure 12. Flow rate characteristics of test injectors 

6. Results  
Engine research and development is very expensive, time 

consuming and complicated job. Single cylinder engines are 
preferred because of decreasing prices, time and they are also 
flexible on controlling. There are various producers which sell 

research engines and control parts but they are very expensive. 
So it is not sensible to buy a new turnkey test engine system with 
university budget. On the other hand, it is much more sensible to 
build your own research engine and data acquisition system. 

In this research, engine with skip cycle mechanism is very 
suitable for academic research. Also, comparing other options, it 
is much more cheaper and flexible for other academic research. 
Ignition and injection advances also injection duration and dwell 
time values were controlled by a standard PC on computer with 
microcontroller in this research engine. So it becomes very easy 
to detect the optimised working conditions with regards to 
mechanism and engine performance. 

For the future work of this study, it is imported to define the 
most proper parameters of ignition and injection as regards to 
detailed engine map considering engine speed and load.  
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Symbols    

S                             Skipped cycle BDC Bottom Dead Center 
N  Normal cycle 𝐴𝐴 Amper 
MBT  Maximum brake torque V Volt 
P        Cylinder pressure Ω Ohm 
𝛼𝛼 Crankshaft angle 𝑇𝑇𝑇𝑇𝑇𝑇 Top Dead Center 
𝑇𝑇𝐴𝐴              Crankshaft angle 𝑔𝑔 Gram 
𝑚𝑚𝑚𝑚 Miliseconds s Second 
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Abstract: Currently there exist no universal analytical or numerical methods for calculation of internal circuit of piston engines with an 
external supply of heat, in particular of Stirling engines. In practice during the engineering and refining process of Stirling engines often are 
required theoretical and experimental data about the parameters of pulsating flow of working fluid with a periodic change of flow direction. 
To obtain such data, in general, is needed a solution of complex inter-related problems of dynamics of mechanical parts of engine taking 
into account the thermoelasticity at unsteady heat transfer between the working fluid and the walls of cylinder of engine, heater, cooler, 
regenerator and other heat exchangers.  

In this paper is developed a method of computer simulation and numerical analysis of gas - thermodynamic parameters of individual 
units of engine with an external supply of heat (Stirling engine) with stationary and pulsating flow of working fluid in regenerative heat 
exchangers in order to optimize them. Mathematical model of gas flow is described by the Navier-Stokes equations for a compressible fluid 
taking into account heat transfer processes. Computer simulation and numerical solution were implemented using known CAD/CAE/CFD 
engineering software. 
 
KEYWORDS: STIRLING ENGINE, RECUPERATIVE HEAT EXCHANGER, PULSATING FLOW, COMPUTER SIMULATION 
NUMERICAL COMPUTATION. 
 
 

1. Introduction 
 
In the process of design and development of Stirling engines 

[1,2] we experienced a lack of theoretical and experimental studies 
on applied thermodynamics, unsteady gas dynamics and convective 
heat transfer in case of rapid change of current direction. A need for 
a complex solution for some thermodynamic, mechanical, 
technological, heat- and gas-associated problems became especially 
apparent. 

In a classic Stirling engine thermal energy is converted into 
mechanical energy through the compression of a fixed mass of 
working fluid under low temperature and its subsequent expansion 
after heating. Since the work of the piston during compression is 
less than its work during expansion, the engine generates 
mechanical output.  

Due to regeneration, one only needs to supply heat to keep the 
working fluid hot during expansion and remove the heat generated 
after its compression.  

The temperature change is provided by locking the working 
fluid in two separate cylinders, one hot and the other - cold, 
between which it travels under the action of pistons. 

Volume change cycles in these cylinders must have a phase 
difference, and so does the resulting total volume change cycle 
comparing to the pressure cycle. This is a necessary condition for 
net power output. 

The present paper discusses a single-cylinder single-acting 
engine with a power piston and a displacer piston. The engine was 
developed in Riga Technical University as part of ERAF project. 
Unlike classical Stirling engine, this engine has recuperative heat 
exchangers [3,4]. The working fluid travels in separate streams, 
heating in the heater and cooling in the cooler. This provides a 
greater power output at an equivalent volume of the cylinder. 

This particular Stirling engine consists of the following basic 
elements: a power piston, a locked cylinder, a heater and a cooler. 

 
The purpose of this paper is to develop a method of computer 

modeling and numerical analysis of gas- and thermodynamic 
parameters of the individual components of an external combustion 
engine (Stirling engine) with stationary and pulsing working fluid 
currents in regenerative heat exchangers at the aim of their 
optimisation. 

 
 
 

2. Background.  
 
There is currently no universal analytical or numerical method 

for designing the core of an external combustion engine and Stirling 
engine in particular.  

Generally, to obtain such data it is necessary to solve a series 
of complex interconnected problems concerning the dynamics of 
mechanical components of the engine under conditions of unsteady 
heat transfer between the working fluid and the walls of the 
cylinder, heater, cooler, generator etc.. 

The computer modelling of the aerogasdynamic and 
thermodynamic properties of the basic elements of the Stirling 
engine was executed with the help of CAD/CAE software, such as 
SolidWorks and Cosmos Floworks [6], which ensures the 
completion of all necessary tasks within an acceptable timeframe.  
The gas-thermodynamic input parameters can be described using a 
set of Navier-Stokes equations with additional equations for laminar 
and turbulent exchange. A three-dimensional geometrical computer 
model was created using SolidWorks CAD software to later obtain 
the numerical solution in CosmosFloworks CAE. The initial set of 
Navier-Stokes equations was solved in CosmosFloworks using the 
finite-volume method. 

The flow of working fluid in a Stirling engine is unsteady and 
periodically pulsating.  

To emulate the action of Stirling engine pistons we used 
CosmosMotion software, which is integrated in SolidWorks and 
functions on its geometrical model. All calculated and output data 
were saved using the SolidWorks model framework. 

 
3. Problem solution 
 
The choice of the heat exchanger was made by taking into account 
the design simplicity, material costs and the heat transfer conditions 
on both sides of the heat-transferring surface. Finned tubular 
exchanger is an example of a balanced choice. 
3D models of tubular air-coolers with longitudinal, threaded and 
spiral fins were created in SolidWorks (fig. 1 (a-e)).  
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Fig.1. 3D models of tubular air-coolers with longitudinal, threaded 

and spiral fins  
 
A study on the effect of pulsating movement of hot heat carrier 

(air) on the cooling process in the air cooling unit was made using 
finned and unfinned versions of a tubular heat exchanger (fig.1e), in 
which  air is being cooled by cold water in counter-flow (fig.4). The 
temperature on the inlet of the cooling unit is 600оС, with redundant 
pressure of 10 atm. The required output temperature is about 400оС. 
A detailed method for computer analysis of heat exchangers of a 
Stirling engine with nonsteady pulsating flow is described in this 
paper [5].  

It is worth noting that the pulsations of air volume flow rate 
Q(t) are connected with the changes of the speed, at which the work 
piston moves the hot gas into the cooler. Linear movements of the 
pistons were modelled using CosmosMotion software.  
 The temporal variation of the upper and lower piston movements at 
500 rpm is plotted in Fig.2. Mass and volume flow rate variation in 
time on both ends of the cooler are shown in Fig.3.  

 
Fig.2. The temporal variation of the upper and lower piston 

movements at 500 rpm 
To justify the use of quasistationary computation methods for 

approximate evaluation of the time-average parameters of the heat 
exchanger, two air movement modes were analysed: 
-   nonsteady, with pulsating volume flow rate Q(t) and mass flow 
rate Q(m); 

 
 

Fig.3. Nonsteady mode: Q(t)inlet- volume flow rate at the inlet;  
Q(t)outlet- volume flow rate at the outlet; Q(m)inlet- mass flow rate 

at the inlet;  Q(m)outlet- mass flow rate at the outlet; 
- stationary, with time-average volume flow rate  
 
 

 
 
Fig.4. Boundary conditions of the finned tubular cooler. 
 
According to the results, the flow pulsations significantly 

affect the equitability of air distribution and its temperature after 
cooling.  

The temperature distribution in the longitudinal section of the 
finned cooler with stationary and nonsteady air movement modes is 
shown on Fig.5. 

 
        Steady-state conditions  
 

         Nonsteady state  
 

  
 

Fig. 5. The distribution of temperature in the longitudinal section of 
the finned cooler with stationary and pulsating flow rate.  

 
The corresponding temperature distribution patterns for lateral 

sections 1,2,3 (fig.5) are shown in fig. 6.  
        

        Steady-state conditions  
 

 

   
         Nonsteady state  
 

 

Section 3 

 
 

Section 2 

 

Section 3 

 
 

Section 2 

 
Section 1                  

 
 

Section 1 

 

Fig. 6. Temperature distribution patterns for lateral sections 
1,2 and 3 of a finned cooling unit in cases of stationary (left row) 

and pulsating (right row) hot air flow. 
 
Results proved that it is possible to use the quasistationary 

method for approximate calculations, given the heat exchanger is 
relatively short.  

We then analysed the parameters of the annular air-cooler 
installed on the outside of the Stirling engine cylinder. Again, two 
air flow modes were considered. A predictive geometrical model of 
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such annular cooler is shown in figure 7 placed on the engine 
cylinder model. 

A stream of hot air (Т=893.2 К) enters a two-sectioned annular 
air cooler through a system of openings on the perimeter with a 
stationary mode volume flow rate of Q=0.00032 m3/s, under 
atmospheric pressure (Р=101325 Ра) (fig. 10). The required 
temperature on the outlet is T = 343.2 K. If the input is unsteady, 
the volume flow rate is described by a time dependent function 
(fig.8).  

Results proved that it is possible to use the quasistationary 
method for approximate calculations, given the heat exchanger is 
relatively short.  

We then analysed the parameters of the annular air-cooler 
installed on the outside of the Stirling engine cylinder. Again, two 
air flow modes were considered. A predictive geometrical model of 
such annular cooler is shown in figure 7 placed on the engine 
cylinder model. 

 

 
 

Fig.7. A predictive geometrical model of such annular cooler 
on the engine cylinder model. 

 
A stream of hot air (Т=893.2 К) enters a two-sectioned annular 

air cooler through a system of openings on the perimeter with a 
stationary mode volume flow rate of Q=0.00032 m3/s, under 
atmospheric pressure (Р=101325 Ра) (fig. 10). The required 
temperature on the outlet is T = 343.2 K. If the input is unsteady, 
the volume flow rate is described by a time dependent function 
(fig.8).  

 

 
 

Fig.8. Time dependence of  the volume flow rate. 
 
Since the openings, through which hot air enters the cooler, are 

positioned in a circle (fig.9), the distribution of temperature along 
the section middle line (radial arc, fig. 9) is quite uneven, as shown 
in fig.10.  

 
 
Fig.9. Annular air-cooler section middle lines. Section 1, Section 2. 

 

 
 
Fig.10. The distribution of temperature along the section middle 
line 

 
The corresponding 3D image of hot air stream movement 

(direction marked by arrows) and temperature distribution is shown 
in fig. 11.  

        
        Steady-state conditions  
 

 

   
         Nonsteady state  
 

 

 
 

 
Fig.11. The 3D image of temperature distribution and hot air 

stream vectors in the annular air-cooler. 
 

The pattern of temperature distribution inside the two-
sectioned annular cooler with stationary or unsteady hot air currents 
is shown in fig. 12.  

 

 
Fig.12. The pattern of temperature distribution inside the two-

sectioned annular cooler. 
 
Analyzing the results showed that due to a substantial inequality of 
temperatures inside the cooler its geometrical model needs to be 
improved. 
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4. Conclusions  
 

 A method was developed for computer modelling and 
numerical analysis of gas-thermodynamic parameters of the 
individual engine elements with stationary and pulsating working 
fluid currents. 

 We justified the use of quasistationary calculation method 
for the evaluation of the heat exchanger parameters. 

 The research of the two-section annular air-cooler showed 
that its base geometrical model needs to be improved, due to the 
unevenness of temperature distribution inside the cooler. 
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Abstract: The features of classical thermodynamic cycle of Stirling engine considering the periodic reciprocal motion of working body 
through the regenerator have been analyzed in this work. The possibility of satisfactory functioning of modified engine without regenerator 
with unidirectional pulsating motion of the working body in reсuperative heater and cooler has also been proved. The characteristic features 
of thermodynamic cycle of the engine compared to the classical thermodynamic Stirling cycle has been analyzed as well. The proposed 
simplified version of the Stirling engine with relatively low-power can be used in a cogeneration system for heat recovery of combustion 
products in a domestic flame furnaces in order to produce mechanical energy and then convert it, e.g. into electricity. 
 
KEYWORDS: STIRLING ENGINE, RECUPERATIVE HEAT EXCHANGER, THERMODYNAMIC CYCLE, REGENERATOR, 
PULSATING MOTION COGENERATION SYSTEM 
 

1. Introduction 
 

The implementation of many technological processes, as well as the 
work of modern thermal power and heat generating plants in many 
cases is related to the release of the large amount of energy in the 
form of heat into the environment. Therefore, considerable interest 
in new sources of energy, as well as new types of heat engines and 
power converters arises during recent years in the energy sector. In 
particular, a renewed interest in engines with an external supply of 
heat (EESH). These engines convert thermal energy of the different 
sources of medium and high temperature potential (600 ... 1500 ° 
K) into mechanical energy.  

EESH are typically used in stationary systems – small scale 
energy, local systems of heat and cooler supply, autonomous power 
generators, etc. The most used EESH are the Stirling cycle engines. 
In these engines, the main supply of heat to the working body 
occurs from the outside (in the heater) and heat removal – in the 
cooler. The working body of the engine is located in a closed inner 
loop of variable volume, over which particular thermodynamic 
cycle takes place. The possibility of local and alternative fuels as 
well as production wastes usage for such engines allows reducing 
the problem of energy supply, reducing the consumption of 
expensive fuels and, in many cases, reduce harmful emissions into 
the environment. EESH based on Stirling engines have several 
advantages over internal combustion engines (ICE): the working 
body circulates in a closed volume, it is theoretically possible to 
achieve high efficiency, minimal harmful impurities in the exhaust 
gases, the possibility of usage of a heat source of any kind, the 
absence of a gas distribution valves in the main body of the engine, 
absence of periodic micro explosions in the working cylinders, low 
noise level. As the weaknesses of the Stirling engine it is necessary 
to note the following: increased dimensions of the engine cooling 
system compared to the ICE, a significant loss of heat at body parts 
because of the location of hot and cold heat exchangers in one unit 
and the presence of reversing non-stationary flows of the working 
body, high average pressure in the cylinder with power of more than 
40 kW.  

Stirling engine is more complicated than conventional heat 
engines. Manufacturing costs (including regenerators and heat 
exchangers, etc.) are higher then that of the ICE, however, operation 
costs are much lower. Currently, number of companies are 
performing intensive researches in order to develop less expensive 
modifications of the Stirling engine adapted for the implementation 
in autonomous cogeneration systems utilizing the heat of 
combustion of domestic thermal generation plants. 
 
 
 

2. Prerequisites and means for solving the problem 
 

Stirling cogeneration is relatively new technology for combined 
production of electricity and heat based on Stirling engines, in 
which the energy of the cooling water and exhaust gases is used to 
heat supply needs of consumers. In comparison to the ICE the 
efficiency of the Stirling engines in cogeneration devices is 
determined by the particularity of its thermal balance. E.g., the loss 
of heat from the exhaust gases and the cooling water for the Stirling 
engine are, respectively, 10% and 40% that considering the higher 
efficiency of the engine itself allows creation of a compact and 
highly efficient cogeneration plants. Power to mass ratio of the 
modern Stirling engine is comparable to a diesel engine with 
turbocharger. The output power to weight ratio is approximately the 
same as for the diesel engine. Torque is practically independent 
from the speed. Stirling engine responds to the changes of the load 
similarly to diesels, but requires a more complex control systems, as 
it is more complicated than the conventional heat engines. 

The upper limit of the operating temperature of the Stirling 
engine heater is 600-650°C that accurately enough corresponds to 
the range of temperatures of exhaust gases of piston ICE, as well as 
to the thermal emissions of many technological processes and heat 
generating plants. 

Analysis of the current state of development of cogeneration 
systems leads to the conclusion that in the near future Stirling 
engine may become the major power plant in low-power stationary 
power units, using alternative heat sources or in the auxiliary 
systems of the vehicles main power plants compared to other types 
of heat engines. For the widespread implementation in domestic 
cogeneration plants need relatively simple and inexpensive small 
Stirling engine with output power of up to ~ 10 kW. 

 
The aim of this paper is to analyze the features of the 

thermodynamic cycle of the modified β-type Stirling engine with 
breaker valve in the charging line of cold working body and to 
determine the conditions for the practical implementation of the 
cycle. To theoretically justify the possibility of satisfactory 
operation of the test engine without regenerator with unidirectional 
pulsating motion of the working body through the recuperative 
heater and cooler. Simplified modified engine without expensive 
elements is planed to be used in cogeneration plants, utilizing the 
heat of combustion of domestic boilers and combustion furnaces to 
produce mechanical energy and then to convert it into electrical 
one. 
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3. Means for Solving the Problem 
 

Theoretical thermodynamic cycle of the classical Stirling engine 
with an ideal regenerator, provided the reversibility of all processes 
and the invariability of physical properties of working body consists 
of two isotherms and two isochores Fig.1. It describes four 
consecutive processes:  

-  isothermal compression 1-2 of the working body in the cold 
chamber at the temperature of T1 from the volume V1 to volume V2, 
(compression ratio of the working body ε = V1/V2, heat from the 
working body is removed in the cooler – environment);  

- isochoric process 2-3-4 of the working body movement from 
the cold chamber to the hot one through regenerator with the 
increase of the body temperature from T2=T1 to T3 (working body 
takes heat from the regenerator nozzle), and further heating of the 
body to T4 in the preheater (external heat source);  

- isothermal expansion 4-5 of the working body in the hot 
chamber at the temperature of T4 (the heat from the external source 
with the temperature of T4 is transferred to the working body);  

-  isochoric process 5-6-1 of the working body movement to 
the cold area through regenerator with cooling from T5 to T6 (the 
heat from the working body is transferred to the regenerator nozzle) 
and subsequent cooling of body in the cooler to the temperature T1. 

 
 

Fig.1. Ideal cycle of the Stirling engine, T* and T* is the steady-
state temperatures. 

 
All thermo- and gas-dynamic processes in the Stirling engine 

are non-stationary. During one cycle the flow rate, temperature, 
pressure and density of the working body vary periodically. In 
general, the thermal efficiency ηt of the Stirling engine including 
efficiency of the heat exchanger-regenerator 0 <β <1 is given by the 
formula [1-5]:                         

                      (1) 
Here: =δ V1 /V2 is combustion ratio of the working body; γ is 

adiabatic exponent. 
Let us note that in refs. [2, 3 and 5], the coefficient β is defined 

differently. In refs. [2, 3] the value of 0 <β <1 is given on the basis 
of experimental data. In ref. [5] theoretical method for determining 
the value of β is proposed, taking into account the cyclic shift of the 
regenerator from "heater" to "cooler" states for a finite number of 
cycles n = 1,2,3,. It is shown that in the extreme case of steady 
periodic process with n→∞, the maximum possible value of the 
regeneration ratio is β=0.5. It corresponds to the ideal heat transfer 
between the working body and the regenerator with infinite mass. 
The maximum value of the thermal efficiency of an ideal Stirling 
cycle is determined by formula (1), (1–β )=0.5. The case when β=0 
corresponds to the absence of the regenerator. 

In the absence of the regenerator isochoric heating process 2–4 
theoretically should occur in regenerative heater of the appropriate 

construction and isochoric cooling process 5–1 in regenerative 
cooler. It is necessary to note that practical solution in this case may 
not be simple, as the absence of the regenerator – heat-storage 
assumes refusal from the reciprocating movement of the working 
body in it and transfer to the unidirectional movement of the 
working body in the heat exchangers. Changing flow conditions 
may significantly affect the value of the hydraulic resistance in the 
internal hydraulic engine networks, as well as to change the non-
stationary pattern of thermal loads of cold and hot chambers of the 
cylinder. The practical solution of the problem of the working body 
unidirectional movement may be accomplished in different ways. 
 

4. Solution of the problem and results  
 

In this paper, this problem is solved by installing the breaker valve 
at the output of the recuperative cooler of the working body or at 
the inlet to the heater located in the hot upper part of the cylinder. 
The principle of operation of such modified Stirling β-type engine 
is described in refs. [6,7]. 

For each cycle the flow of the working body subsequently and 
separately moves in the heat exchangers in one direction in the 
proposed engine design [6 ]. In this case, it is heated only in the 
heater and in the cooler it is only cooled. As a result established 
temperatures T* and T* (Fig. 1) will be closer, respectively, to T2 
and T4 and the effectiveness of heat exchanger will be higher as 
there will be no reciprocal movement of the working body, which 
defines periodic change of cogeneration modes of the heat 
exchanger performance ("cooler" to "heater" and vice versa ).  

In the engine cooler water, which has good thermal properties 
is used as coolant, allowing to obtain high heat transfer coefficients 
at a moderate temperature difference of the wall and fluid. Let us 
note that in this scheme, cooler serves as a connecting compression 
channel between the lower (cold) and the upper (hot) chambers of 
the cylinder at the same time to move the working body from the 
cooler to the heating zone of the displacer piston.  

Heat exchanger – recuperative heater, the heating surfaces of 
which are arranged in the hot flow of exhaust gases of the heating 
furnace is also connecting expansion channel through which the 
working body moves from the hot chamber to the area between the 
pistons and then to the cooler. Unidirectional movement of the 
working body in reciprocal movement of the pistons is provided by 
installing the breaker valve at the outlet of the heat exchanger – 
cooler.  

Breaker valve is closed at the cooling stage of the working 
body during the filling of the cooler and connecting channels as 
well as at the subsequent stage of the isothermal compression of the 
working body by the working piston that moves downwards under 
the effect of an external force.  

As in the case of the classical Stirling cycle it is assumed that 
isothermal process is supported by the corresponding heat removal 
in the cooler. This condition is chosen to simplify comparison with 
the classical cycle and in the general case may be replaced by 
universal polytropic process. Earlier in [8] it was shown that for the 
considered engines with relatively low power at air pressures lower 
than 10 bar, air consumptions ~0.0003m3/s and pulsation 
frequencies ~10 1/s. it is possible practically neglect the pressure 
losses during the air flow through the recuperative cooler.  

Taking into account this condition curve 1-2 in Fig. 1 may be 
represented as two segments (Fig. 2) for the studied engine 
modifications: isobars 6-1 (pressure P6 = P1) and isotherm 1-2 (T1 = 
T2 = const). 
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Fig.2. Thermodynamical cycle of the Stirling engine without 

regeneration with breaker valve and with unidirectional movement 
of the working body in the heat exchangers 

 
For comparison Fig. 2 also shows the ideal cycle (3-4-5-6) of 

the classical β-type Stirling engine without regenerator in which the 
role of a thermal barrier between the hot and cold chambers of the 
cylinder is performed by displacer piston. In contrast to the classical 
Stirling cycle shown in Fig. 2 the thermodynamic cycle of the 
modified engine with recuperative heat exchangers (heater and 
cooler), breaker valve, and unidirectional movement of the working 
of the body (Fig. 2) is a closed mixed cycle, consisting of two 
isochoric (2-4 , 5-6), two isothermal (1-2, 4-5) and one isobaric  
(6-1) processes. Let us note that practical possibility to realize 
isobaric process (6-1) appears when the minimum temperature T6 of 
the ideal cycle without cooler (isotherm temperature 6-3) is higher 
than the temperature T0 of the cold coolant of the ideal recuperative 
cooler at the point 1΄ (in the ideal cooler in the absence of losses it 
is assumed that T0=T1). In this case, the isotherm 1-2 is the part of 
the isotherm 1΄-2, according to which the heat is removed in the 
ideal Stirling cycle at the cold coolant temperature T0 (theoretically 
possible lower limit of the operating temperatures of the cycle). For 
cogeneration plants with Stirling engine this threshold plays an 
important role. Positive resulting work performed by the mixed 
cycle, in pv–coordinates is defined by the area 124561. Dashed area 
1236 defines the increase of the resulting useful work of the cycle in 
comparison to the classical cycle (3-4-5-6) without breaker valve 
with the same minimum temperature of T6. From Fig. 2 it follows 
that the useful work increases with the degree of preliminary 
isobaric compression of the working body εp in the cooler (process 
6-1, εp = v6/v1 = ρ1/ρ6 = T6/T1 at p6 = p1) and the associated 
pressure increase ratio λ=p4/p2 of the isochoric heat supply increase 
during 2-3 at v2=const. 

 In general, the main characteristics of the considered mixed 
cycle are: isothermal compression ratio  εT=v1/v2 , isobaric 
compression ratio εp= v6/v1 , temperature increase ration τ= T4/ T1 , (  
T4 = T5 , T1 = T2 ≤ T6), isothermal expansion ratio δ= v5/v4 ,  pressure 
increase ration λ = p4 / p2 , specific heat capacity ratio cp / cv = k.  

In the general case the thermal efficiency of the cycle is [4] 
 

ηt = (∑q1  - ∑q2)/ ∑q1 = 1 – (∑q2)/ ∑q1),     (2) 
 

where each term corresponds to the total specific heat q, 
transferred to the working body (index 1) or removed from the 
working body (index 2). Taking into account Fig. 2, and the usual 
standard assumptions made in the analysis of the thermodynamic 
cycle of the Stirling engine [4], it is possible to write 

 
∑q1  = q1 + q΄1+q˝1 =  RT4ln δ  +cv (T4 – T3)  + cv (T3 – T2),         (3) 
 
∑q2  = q2 + q΄2+q˝2 = cv (T5 – T6) + cp (T6 – T1) + RT1ln δ,         (4)  
  

                   ηt = ( )( )[ ]
( ) ( )[ ]δττ

εεδτ
ln11

ln1ln1
−+−

−−+−
k

k TP                          (5) 

In the absence of the preliminary isobaric compression of the 
working body in the cooler points 6 and 1 in Fig. 2 coincide,  
(εp=v6/v1=1, v1= v5 , εT = δ, τ = τ0 = T4/ T1= T5/ T1΄) the cycle is 
transformed into the ideal Stirling cycle with thermal efficiency 
equal to [4]  

ηt = ( ) )( )[ ]
( ) ( )[ ]δττ

δτ
ln11

ln11
00

0

−+−
−−
k

k                             (6) 

 Average pressure pt of the thermodynamic cycle in Fig.2 equal 
to the useful work of the cycle received by the unit of the operation 
volume of the cylinder (i.e. specific work of the cycle) is equal to: 

 

                  pt = ( )
)( 25
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−
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where (v5 –v2) – operation volume of the cylinder. 
Dimensionless average pressure correlated to the pressure in the 
point 1 (p1 = p6 ), taking into account equations (3), (4) may be 
represented as follows: 

                        ( )
( )1

ln1ln

1 −
−+−

=
δ

εεδτε TpTt

p
p                    (8)  

In the particular case of the Stirling cycle in the absence of 
preliminary isobaric compression of the working body and fulfilling 
the requirements for the parameters εp, εT , δ, , τ, τ0, formulated 
during correlation derivation (6), known result is received:  

                                 ( )
( )1

ln10

1 −
−

=
δ

δτδ
p
pt                                  (9) 

For the numerical assessment of the impact of preliminary 
isobaric compression of the working body εp in the cooler and 
associated with it pressure ratio increase λ=p4/p2 for isothermal 
efficiency values ηt and dimensionless average pressure pt/pi let us 
consider the extreme case of isobaric compression when isothermal 
compression by the working piston is not required (absence of the 
curve 1-2) and due to the decrease of the gas temperature in the 
cooler from T6 to T1 at constant pressure P6 = P1 only isobar 6-1 is 
realized. In this case the density of the gas at point 1 reaches the 
value of ρ1=(ρ6T6)/T1. Considered cycle is shown in Fig. 3. In this 
case, points 1, 2 coincide and fulfil the relations εT=v1/v2=1, δ=εp. 

 
 

Fig. 3. Thermodynamic cycle of the engine Stirling without 
regeneration at extreme isobaric compression in the cooler in the 

absence of the isothermal compression by the working piston. 
 

Results of calculations of the values ηt and pt/pi for cases of the 
Stirling engine without regeneration, discussed in [4], and the 
modified Stirling engine (with breaker valve, and unidirectional 
movement of the working body in the recuperative heat exchanger) 
with the following initial data T4=T5 =750К, T6=T3 =500К,  
T2=T1=333К, k=1.6, δ=εp=1.5, εT=v1/v2=1, τ=T4/T1, τ0=T4/T3,  
P6=P1=1bar are shown below. 

Cycle 3456 corresponds to classical Stirling engine in Fig. 3. 
On the bases of the equations (5) - (6) and (8) - (9) taking into 
account values τ0 = T4/T3=1.5 the following results are received 
ηt(Stirling) =0.1406, ηt(cooler) =0.1377.  

The decrease of the efficiency of the modified engine for  
=∆ 0.29% is related to the replacement of the more effective 

isothermal compression by the less effective isobaric one. The 
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dimensionless average pressure in the modified engine is higher 
than in the classical Stirling engine (value τ=T4/T1=2.25): 
(pt/p1)(Stirling)=0.608,(pt/p1)(cooler)=0.825 approximately for 35%, 
which is shown in Fig. 3. 
 

5. Conclusions  
 

 The possibility of satisfactory operation of the modified 
Stirling engine without a regenerator with unidirectional pulsating 
motion of the working body through the recuperative heat 
exchangers is demonstrated theoretically. 

 It is shown that the implementation of recuperative cooler 
for the preliminary isobaric cooling of the working body allows 
increasing the engine power with a small decrease of thermal 
efficiency. 

 The maximal increase of the engine power for the ideal 
modified engine cycle in comparison compared to the Stirling 
engine reaches ~ 35% with the less than 0.5% decrease of the 
thermal coefficient. 
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Abstract: 
Diesel engines are still the most fuel-efficient internal combustion engines and the pollutants exhausted from diesel engines are considered as 
one of the major sources of air pollution. The heterogeneous results regarding the use of diesel-water emulsion as fuel for diesel engines 
suggested that more experimental work is recommended. 
In this paper, an experimental investigation was conducted on an agricultural tractor diesel engine fueled with diesel-water emulsion and 
standard diesel fuel at different engine load and speed. The engine torque decreased with the increasing of water content in the diesel-water 
emulsion due to the reduction of lower heating value of diesel-water emulsion compared to pure diesel fuel. Diesel-water emulsion 
determined a reduction of NOx emission. The carbon balance proved that an increase of cumulated CO and CO2 emission accounts for a 
reduction of solid carbon from exhaust. 

Keywords: diesel engine, diesel-water emulsion, NOx emission, PM emission 

 

1. Introduction 
At present, diesel engines are still the most fuel-efficient 

internal combustion engines and diesel fuel is the dominant fuel 
used by the commercial transportation sector [1]. How-ever, the 
pollutants (such as NOx, SOx, CO, CO2, and unburned 
hydrocarbon particles) exhausted from diesel engines have been 
considered as one of the major sources of air pollution in urban 
regions, which seriously affect human health, environment, and 
economic development [2]. 

The trend towards more stringent regulations on emissions has 
been an important driving force in the search for internal 
combustion engines more environmentally friendly [3]. To reduce 
the pollutant emissions, researchers have focused their interest on 
the domain of fuel-related techniques, such as the use of alternative 
fuels of renewable nature that are friendly to the environment [4]. 
As alternative fuels, oxygenated fuels present reduced particulate 
matter (PM) emissions, but usually with an escorting increase of the 
emitted nitrogen oxides (NOx). 

Alternative fuels need not be alternatives to fossil fuels [5]. 
Also fossil fuels can be modified in such a way that they can be 
classified as ‘‘alternative fuels.’’ One such modification is 
incorporation of water in diesel fuel [5] in a form of emulsion for 
use in diesel engines [6] without engine retrofitting [7]. 

Emulsions of diesel fuel-water offer the potential to 
simultaneously reduce NO and soot emissions while maintaining a 
high-thermal efficiency [8]. The lower peak temperature in cylinder 
due to water content in emulsion fuel accounts for lower NOx [7,9], 
while the enhanced mixing with air due to micro-explosions of 
water micro-droplets accounts for lower smoke emission [9]. 

There is a relative large number of papers dealing with tests 
performed on diesel engines fueled with diesel-water emulsions, in 
order to determine how the emulsion fuel influences the engine 
performance as: power (torque), fuel consumption, NOx and PM 
(soot and smoke) emissions. A synthesis of four papers is presented 

in table 1. Analysis of data from table 1 reveals both convergent and 
divergent results. In general, engine power (torque) decreases with 
water content, due to lower heating value of emulsion compared to 
pure diesel fuel. Fuel consumption is increasing due to the same 
reason. 

On the other hand, diesel-water emulsion leads to a reduction of 
NOx and PM emissions. Differences between emission results, 
sometimes in a significant degree, may be caused by: engine 
(compression ratio, fuel system), emulsion (type of emulsion, water 
content, surfactant type and content, emulsion preparation) and test 
conditions (engine load, speed and injection timing). According to 
the engine test results, both NOx and smoke tend to decrease as the 
emulsion water content increases [9]. 

The heterogeneous results regarding the use of diesel-water 
emulsion as fuel for diesel engines suggest that more experimental 
work for optimizing the emulsion formulation in terms of water 
content is recommended. In this respect, an experimental 
investigation was conducted on an agricultural tractor diesel engine 
fueled with diesel-water emulsion at different engine load and 
speed. The engine testing was carried out with different water 
content in diesel-water emulsion as well as with standard diesel 
fuel. 

2. Fuel and experimental set-up 
The emulsion system that was used for testing the diesel engine 

is an on board emulsion system patented by Scarabaeus Gmbh, 
Simmern, Germany. The pre-mixed emulsions (always micro-
emulsions) have a fixed diesel-water mixture ratio [1]. The on board 
generated emulsions prepared in a mixer unit of the Scarabaeus 
company could be adjusted with the desired diesel-water mixture 
ratio according to the set operating point of the engine [4]. 

The Scarabaeus emulsion technology has several advantages: 
• diesel-water mixture is prepared in a separate device and not 

in the fuel tank; 
• water ratio in diesel fuel is electronically controlled; 

Table 1. Influence of diesel-water emulsion on diesel engine performance. 

Engine type and test conditions Emulsion W/O 
(%v/v) 

Power/ 
torque 

Fuel 
consumption NOx PM (soot 

& smoke) Reference 

Isuzu, 4 cyl, 3856 cm3, ε=17 
65,6 kW @ 2800 rpm 

10 and 20% 
Surfactant: 2% NA + – – Lin and Wang, 2004 [10] 

Ford, 4 cyl, 1753 cm3, ε=21,5 
44,7 kW @ 4800 rpm 

5, 10 and 15% 
Surfactant: 0,2-1,0% – + – – – – Nadeem et al, 2006 [1] 

4 buses Euro 2, (2 old and 2 
new) 

13,5% 
Surfactant: NA NA + + & – – Tzirakis et al, 2005 [11] 

Engine of 6 cyl, 11149 cm3, 
ε=16,4 

15% 
Surfactant: NA – + – – Park, Kwak and Oh, 2004 [12] 

Symbols: ε-compression ratio; + increasing, but in less degree; + + increasing, but in significant degree; – reduction, but in less degree; – – reduction, but in 
significant degree; NA-not available data 
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• there is no engine retrofitting; 
• high homogenizing degree of diesel fuel and water due to 

emulsion system. 

Water for emulsion is stored in a separate tank and no surfactant 
was used to stabilize the diesel-water emulsion. The water/diesel 
fuel static ratio in the emulsion is set by a screw adjusting valve. 
During engine test, the water ratio in the emulsion is around the 
static ratio, according to engine load and speed. 

The diesel-water emulsion, prepared by Scarabaeus emulsion 
system, using standard commercial diesel fuel and water, is 
homogenous and yellow-milky in color (fig. 1). 

Diesel engine used for testing the diesel-water emulsion was an 
agricultural engine type TCD2012 L04 V4, supercharged, produced 
by DEUTZ Company. The main engine constructive and operating 
data are presented in table 2 

The tested TCD2012 L04 V4 diesel engine was mounted on a 
test rig along with the Scarabeus emulsion system (fig. 2). The 
engine loading was performed with an AVL eddy current brake. 

Data regarding in-cylinder pressure and temperature, speed and 

crankshaft angular position, exhaust gas temperature and exhaust 
emissions were recorded and processed using IndiWin and Infralyt 
Software. Engine load and speed were set through INCA Software. 

The experimental investigation was performed at engine torque 
of 10, 150, 300, 450 Nm and at maximum fuel supply. For every 
engine torque, the engine speed was set at 800, 1100, 1400, 1700 
and 2100 rpm, and the water ratio of diesel-water emulsion was set 
at 0 (standard commercial diesel fuel), 15 and 25%. 

3. Test results and discussion 
Torque 

Figure 3 shows the engine torque versus engine speed and water 
content in diesel-water emulsion. It can be noticed that the torque 
decreases as the emulsion water content is increasing. This behavior 
is according to reduction of heating value of the emulsion fuel due 
to water content in emulsion. The same variation of engine torque, 
due to water content, was already observed by other researchers 
(fig. 4). 

 
Fig. 1 Diesel-water emulsion prepared by Scarabaeus emulsion system. 

 

 
Fig. 2 Experimental set-up arrangement. 

Table 2. Main technical data of TCD 2012 L04 V4 diesel engine 
Stroke 130 mm 
Bore 101 mm 
No. of cylinders 4, in line 
Rated power 113 kW (152 HP) 
Speed 2100 rpm 
Compression ratio 18 
Fuel system Deutz Common Rail 
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Fig. 3 Engine torque vs. speed and water content. 
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Fig. 4 Engine’s torque vs. speed using neat diesel and emulsified fuels 

with conventional surfactants (CS) (redrawn after [1]). 
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On the other hand, it can be noticed that the engine torque 
reduction is not constant versus engine speed and water content. For 
the two tested emulsion fuels with 10 and 25% water in diesel-water 
emulsion, the maximum reduction is within the range of 1200-1400 
rpm (fig. 5), and is far less than the water ratio in emulsified fuel. 
This could be explained that at these engine speed values, the best 
conditions for micro-explosion of water droplets in the emulsion 
fuel are fulfilled, due to the fact that the heat transfer rate from in-
cylinder compressed air to injected emulsion fuel reaches its 
maximum value. 

For the maximum engine speed, it can be noticed that the 
engine torque is decreasing as the water ratio in the emulsion fuel is 
increasing. However, at 10% water in diesel-water emulsion, the 
engine torque reduction is a little bit less than the water ratio. 
Conversely, at 25% water ratio, the reduction is a little bit higher 
than the water ratio. We can assume that the higher reduction at 
25% water ratio is due to the higher heat that is necessary for water 
evaporation. 

NOx emission 

Figure 6 shows the NOx emission from the TCD2012 L04 V4 
engine exhaust versus engine speed and water content in diesel-

water emulsion. It can be noticed that NOx emission level is 
reduced for the emulsion fuels compared to neat diesel: the higher 
water content the smaller NOx emission. 

As the engine load is increasing, a slighter increase of NOx 
emission, at the engine speed of 1100 and 2100 rpm, can be 
observed. At engine speed of 1700 rpm and engine load of 300 and 
450 Nm, the highest NOx emission reduction was reached. The 
most notable reduction was of 67% for the emulsion of 10% water 
ratio and of 71% for the emulsion of 25% water ratio, at engine 
torque of 300 Nm. 

Carbon balance 

Exhaust emission containig solid carbon are generally known as 
particulate matter (PM). To have a global view on PM emission 
(soot, smoke), we propose to evaluate the carbon balance from 
exhaust gases. In this respect, the PM emission accounts along with 
gaseous emission of CO and CO2 for total carbon from exhaust 
emission. 

Figure 7 shows the gaseous emission of CO and CO2 versus 
engine speed and water content in diesel-water emulsion, for torque 
value of 300 Nm. It can be noticed that, in general, the level of 
cumulated emission of CO and CO2 of emulsified fuels is higher 
than the same cumulated emission of standard diesel fuel: the higher 
water ratio the higher level of cumulated emission of CO and CO2 
of emulsified fuels. The same behavior is for the torque values of 
150 and 450 Nm. 

The increased level of cumulated emission of CO and CO2 of 
emulsified fuels accounts for a reduced level of solid carbon 
emission. This could be explained by a higher carbon oxidation due 
to water droplet micro-explosion that provide a better mixing of 
fuel and in-cylinder air. This assumption is supported by the 
reduced level of O2 (fig. 8). 

4. Conclusion 
Diesel engines are still the most fuel-efficient internal 

combustion engines and the pollutants exhausted from diesel 
engines are considered as one of the major sources of air pollution. 

The heterogeneous results regarding the use of diesel-water 
emulsion as fuel for diesel engines suggested that more 
experimental work is recommended. In this paper, an experimental 
investigation was conducted on an agricultural tractor diesel engine 
fueled with diesel-water emulsion at different engine load and 
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Fig. 6 NOx emission of TCD2012 L04 V4 diesel engine vs. speed, water 
content and engine torque (a-150 Nm; b-300 Nm; c-450 Nm). 
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Fig. 7 CO and CO2 emission vs. speed and water ratio in 

emulsified fuels, at engine torque of 300 Nm. 
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speed. The engine testing was perfor-med at engine torque of 10, 
150, 300, 450 Nm and at maximum fuel supply. For every engine 
torque, the engine speed was set at 800, 1100, 1400, 1700 and 2100 
rpm, and the water ratio of diesel-water emulsion was set at 0 
(standard commercial diesel fuel), 15 and 25%. 

The engine torque decreases as the emulsion water content is 
increasing. This behavior is according to reduction of heating value 
of the emulsion fuel due to water content in emulsion. For the 
emulsion fuels, the maximum reduction is within the range of 1200-
1400 rpm, and is far less than the water ratio in emulsified fuel, 
which could be explained by reaching the best conditions for micro-
explosion of water droplets in the emulsion fuel. 

The NOx emission level is reduced for the emulsion fuels 
compared to neat diesel: the higher water content the smaller NOx 
emission. As the engine load is increasing, a slighter increase of 
NOx emission, at the engine speed of 1100 and 2100 rpm, can be 
observed. At engine speed of 1700 rpm and engine load of 300 and 
450 Nm, the highest NOx emission reduction was reached. The 
most notable reduction was of 67% for the emulsion of 10% water 
ratio and of 71% for the emulsion of 25% water ratio, at engine 
torque of 300 Nm. 

To have a global view on PM emission (soot, smoke), we 
proposed to evaluate the carbon balance from exhaust gases: PM 
emission accounts along with gaseous emission of CO and CO2 for 
total carbon from exhaust emission. In general, the level of 
cumulated emission of CO and CO2 of emulsified fuels is higher 
than the same cumulated emission of standard diesel fuel: the higher 
water ratio the higher level of cumulated emission of CO and CO2 
of emulsified fuels. This could be explained by a higher carbon 
oxidation due to water droplet micro-explosion that provide a better 
mixing of fuel and in-cylinder air. This assumption is supported by 
the reduced level of O2. 
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Abstract: One new gasoline-alternative biofuel candidate is 2,5-dimethylfuran (known as DMF). In this paper, the potential of 
DMF is examined in a spark-ignition (SI) engine. Focus is given to the combustion performance. The results for DMF are compared to 
gasoline, ethanol, butanol and methanol. DMF produce high exhaust gas temperatures, similar to gasoline and helpful for fast catalyst light-
off, whilst maintaining high combustion stabilities. This demonstrates the potentially favourable characteristics of DMF to become an 
effective cold-start fuel. 
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1. Въведение 
В продължение на много години метанола и етанола бяха 

изследвани и използвани като алтернативни горива за 
бензиновите двигатели. Приложението им се ограничаваше 
главно като добавки в смеси с бензина, поради някои техни 
недостатъци. Метанолът и етанолът образуват нестабилни 
смеси с бензина, склонни към разслояване, особено при ниски 
температури и абсорбирана в тях вода. Освен това имат ниска 
енергийна плътност и са химически агресивни към някои от 
елементите на горивната уредба. 

След прогнозите на световно известните фирми „Dupont” и 
„BP” за постигане по-ниска цена на бутанола в сравнение с 
етанола, вниманието на изследователите беше насочено към 
бутанола като алтернативно гориво.  

В последните години се появиха съобщения за разработен 
технологичен процес на химическо превръщане 
въглеводородите на междинното съединение 5-
хидроксиметилфуран в 2,5-диметилфуран, в чиято молекула се 
съдържа само един кислороден атом. За суровина е използвана 
фруктоза получавана от биомаса, но учените се надяват да бъде 
използвана като суровина и глюкозата. 

Диметилфуранът, както и метилфуранът предизвикват 
интереса на изследователите като алтернативно гориво със 
свойства много по-близки до бензина. 

2. Изложение 
За дестилацията на диметилфурана се изразходва една 

трета от енергията, необходима за дестилацията на етанола, не 
е разтворим във вода, не абсорбира влагата от въздуха и е 
стабилен при съхранение.  

Калоричността на фурановите производни е малко по-
висока от тази на бутанола, а спрямо бензина е с 23% по-ниска 
[1]. Специфичната енергия на горивната смес на 
диметилфурана и метилфурана (за 1 kg въздух) е по-висока от 
бензиновъздушната смес с 8%. Октановото им число е с 4-5 
единици по-високо от октановото число на бензина. 

Няма информация за токсикологично въздействие върху 
човека. 

В таблица 1 са показани по-важните физико-химични 
качества на отделните горива. 

 

                                                                             Таблица 1 
Показател / гориво диметилфуран метил фуран 

Хим. формула С6Н8О С5Н6О 

Елементен състав (С, Н, О), 
мас.% 

75,  8.33,  16.67  75,  7.3, 
19.5      

Отношение Н/С 1,333 1.2 

Долна калоричност, MJ/kg 33,7 31.2 

Плътност, kg/m3 889,7 913.2 

Октаново число 
(RON+MON)/2 

94,7 94.3 

Температура на 
самовъзпламеняване, °С 

 
286 

 
- 

Стехиометрично 
отношение въздух/гориво, 
kg/kg 

 
10,72 

 
10.04 

Разтворимост във вода при 
20°С, ml/100ml Н2О  

 
≤1,47 

 
- 

Латентна топлина на 
изпарение, KJ/kg 

332 358 

Калоричност на  
стехиометрична горивна смес, 
MJ/kg 

 
2,88 

 
2.82 

Специфична енергия, 
MJ/kg въздух 

3,15 3.1 

 

Вискозитетът на горивото оказва влияние върху 
нормалната работа на хранителната система на двигателя. 
Кинематичният вискозитет на диметилфурана е еднакъв с 
бензина (Табл. 2), което е предпоставка за еднакви 
характеристики на впръскването и дозирането без 
необходимост от някакви корекции. 

                                                                             Таблица 2 
Гориво  Кинематичен вискозитет при 20°С, cSt 

Бутанол  3,64 

Етанол  1,52 

Бензин  0,4 – 0,8 

Диметилфуран 0.525 
Дизелово гориво >3 
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Ламинарната скорост на горене е физикохимично свойство 
и е ключов параметър на горимите смеси. Тя влияе на 
продължителността на горене в горивните камери на 
двигателите и оттам върху тяхната ефективност и екологичните 
им показатели. Ламинарната скорост на горене зависи от вида 
на горивото, състава на сместа и началните температура и 
налягане. 

На фиг. 1 са представени ламинарните скорости на горене 
на изооктан, бутанол, етанол и диметилфуран в зависимост от 
състава на сместа при р=0,1 МРа и Т=393 К [3, 4]. 

 

 
 
 
Фиг. 1. Ламинарна скорост на горене Sl на диметилфуран, 

изооктан, бутанол и етанол в зависимост от състава на сместа при 
р=0,1 МРа и Т=393 К. 

 
Алкохолите имат по-висока скорост на горене от бензина, 

като ламинарната скорост на горене на бутанола е по- ниска от 
тази на етанола но е по-висока в сравнение с бензина с около 
12%. Ламинарната скорост на горене на диметилфурана се 
различава незначително от тази на бензина Максималната 
скорост на горене за посочените горива е при леко обогатените 
смеси – α =0,82-0,9.  

Максималната температура на цикъла Tz оказва влияние на 
образуването на NOx. При работа с метилфуран се развиват с 
100 – 150 К по-високи максимални температури спрямо 
бензина, на всички товарни режими (фиг. 2) [1]. На малки 
натоварвания, максималната температура при работа с 
диметилфуран е почти еднаква с бензина, но при високите 
натоварвания нараства с 100 К.  

 
 
Фиг. 2. Максимални за работния цикъл температури за 

различните горива в зависимост от натоварването при n=1500min-1  
и α=1,0. 

При по-високи температури се увеличават и топлинните 
загуби през стените на цилиндъра, което се отразява 
неблагоприятно на индикаторния кпд (фиг. 3). 

При работа с метилфуран двигателят има най-висок 
индикаторен кпд в целия товарен диапазон, като при средно 
ефективно налягане ре = 0,85 МРа разликата спрямо 
диметилфурана е 1,4%, а спряма бензина – 2,7%. 

 

Фиг. 3. Изменение на индикаторният кпд в зависимост от 
натоварването за отделните горива. 

Обикновено алтернативните горива намират приложение 
като добавка към бензина. Горивните характеристики на 
смесите на алтернативното гориво с бензина се различават от 
тези на отделните компоненти. На фиг. 4 са показани 
ламинарните скорости на горене на изооктан, диметилфуран и 
смес от 20% диметилфуран с бензин (D20), в зависимост от 
въздушното отношение α [2]. 

 
 
Фиг. 4. Ламинарни скорости на горене на изооктан, 

диметилфуран и смес от 20% диметилфуран с бензин (D20), в 
зависимост от въздушното отношение α при атмосферно налягане и 
температура. 

 
Максимални стойности на ламинарната скорост на горене 

на диметилфурана и на D20 се достигат при α=0,82, а на 
изооктана –при α=0,9, като за  D20 е с 9% по-ниска от тази на 
диметилфурана. В диапазона на въздушното отношение 0,9 ≤ α 
≤ 1,1 ламинарната скорост на горене на D20 е най-ниска и 
спрямо изооктана намалението е средно с 15%. По-ниската 
скорост на горене на смесите на диметилфурана с бензина 
предполага влошаване на ефективните показатели на 
двигателите. 
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3. Заключение 
Метилфуранът и диметилфуранът имат много по-близки 

моторни свойства с бензина за разлика от етанола. Не се 
смесват с вода и имат по-високо октаново число. Ламинарната 
им скорост на горене се различава незначително от тази на 
бензина, като при обедняване на сместа намалява по-
значително. При горенето им се развиват по-високи 
температури, което може да е причина за по-високи емисии 
NOx. Чрез моторни изследвания трябва да се определят 
показателите на двигателите при работа със смеси с бензин с 
различно процентно съдържание по отношение минимално 
съдържание на токсични вещества в отработените газове.   
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Abstract: A large proportion of automotive engine operation is spent at part-load and this is where fuel economy targets are currently 
most concerned. However, under light loads the breathing losses of the spark ignition (si) engine are usually at their highest levels. 
Downsizing has therefore become widely considered to be one promising method for improving the fuel consumption of the gasoline engine 
[3-5]. The basic principle is to reduce the capacity of the engine and hence enforce a larger proportion of operation to higher loads. 

Keywords: GASOLINE ENGINE, EXHAUST GAS RECIRCULATION (EGR), TURBOCHARGING, DIRECT INJECTION ENGINE 

 

1. Въведение 
Концепцията при която се използва охлаждане на 

рециркулираните отработили газове (EGR) за подобряване на 
разхода на гориво при големи натоварвания не е нова. Brüstle и 
Hemmerlein [1] са изследвали ефектите от охлаждане EGR 
върху работата на четирицилиндров двигател с принудително 
пълнене при стехиометрични условия. При високи честоти на 
въртене и натоварвания на двигателя и предварително нагрята 
турбина до 1000 °C, средно ефективно налягане (BMEP) се 
увеличава с 1 bar при EGR до 12%. Докладва се, че 
използването на EGR води до малко увеличаване на степента 
на сгъстяване и намаляване на разходите на гориво при 
дадените условия.  

В друг труд Grandin [2] изследва влиянието на охлаждането 
на EGR при високи натоварвания в четирицилиндров 2,3 
литров двигател с принудително пълнене и впръскване в 
пълнителния колектор (PFI). Рециркулиращите газове са 
отклонени преди турбината, преминават през охладител и се 
подвеждат към входа на компресора. В случая разреждането с 
EGR служи за понижаване скоростта на горене при високи 
натоварвания и честоти на въртене, намаляване температура по 
време на горенето и значително намаляване на детонационното 
горене. Въпреки, че представените резултати са ограничени до 
4000 min-1, те демонстрират потенциала на EGR да замени 
конвенционалното обогатяване на горивните смеси и 
значително да подобри нивата на отделяните вредни емисии на 
въглероден оксид (CO) и въглеводороди (HC).  

Алтернативно изследване е извършено от Duchaussoy [6] 
Стига се до заключението, че с въвеждането на ЕGR се 
постигат значителни резултати, относно на разреждането 
излишния въздуха в условията на преходени режими на работа 
на двигателя, с минимално увеличаване на размера на 
компресора. Специфична особенност в конфигурацията се 
явява разделянето на потока на три отделни струи посредством 
компресора (потока се разделя с помощта на трипътен клапан). 
В друго изследване проведено от Diana [7] също се докладва за 
намаляване на детонационното горене чрез използване на EGR 
и потвърждава получените резултати от Brüstle и Hemmerlein, 
относно намаляване на разхода на гориво до 10% при средни 
натоварвания и увеличена степен на сгъстяване от порядъка 10-
13. 

В по-новата разработка разработка от Aiger [8], са 
изследвани ползите от EGR при нов по-модерен двигател с 
принудително пълнене и директно впръскване. Това проучване 
ясно демонстрира потенциала на EGR относно намаляване на 
въглеродните емисии CO2 до 20%, които са свързани с 
намалена склонност към детонационно горене и по този начин 
се постигат и по-ниски температури на отработените газове. 
Установено е намаляване на СО до 95% при високи честоти и 
натоварвания.  

 

2. Изложение 
При двигателите с директно впръскване (DI) в много 

случаи се предпочита EGR да се осъществи след компресора, 
чрез който при висока честота на въртена и натоварване се 
регулира излишното гориво. При този подход се редуцират 
негативите от мъртвите обеми при EGR и здравината на 
компресора се увеличава. Въпреки това, успешното прилагане 
зависи от постигането на добро разпределние на 
рециркулацията между цилиндрите, поддържане на стабилно 
горене и постигане на достатъчна степен на EGR, което не 
винаги е лесно осъществимо. При използване на хибридна 
система на рециркулация ( с EGR преди и след компресора) 
може да спомогне за намаляване на отрицателните ефекти 
ефекти, но е трудно контролирането на таква схема и се 
исизква сложна настройка на EGR клапана (клапаните). 

 
Фиг. 1 Схема на хибридна система за рециркулация на отработилите 
газове: 1-междинен охладител, 2-главен охладител, 3-турбина, 4 
компресор, 5-EGR клапан, 6-междинно охлаждане (интеркулер), 7-
Дроселна клапа  

Независимо от тези проблеми, тук е публикувана малко по-
подробна информация за възможните разлики в 
термодинамични показатели на система с EGR преди и след 
компресора при бензинови двигатели. Теоретичното 
изследване е получено при условия на висока честота на 
въртене и натоварване на двигателя (5500 min-1, 250 Nm и 
средно ефективно налягане 15,8 bar). Система с EGR преди 
компресора, е базирана на хибридна система, показана на фиг. 
1. Схема на система с EGR след компресора (система с високо 
налягане на EGR) е дадена на фиг. 2 и включват EGR с 
интеркулър, разположени преди дроселната клапа. Това не е 
идеалният вариант, но се избягват недостатъците на EGR 
разпределнието по цилиндри. Дват EGR охладителя се 
използват и в двете вериги, когато първият охладител служи за 
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отвеждане на по-голямата част от топлината, а вторият е се 
използва за постигане на желаната зададена EGR температура. 

 

 
Фиг. 2 Схема на система с EGR след компресора: 1-междинен 
охладител, 2-главен охладител, 3-турбина, 4 компресор, 5-EGR клапан, 
6-междинно охлаждане (интеркулер), 7-Дроселна клапа  

 

За провеждане на изследванията е разработен математичен 
модел, създаден на базата на четиритактов двигател с 
впръскване на бензин. Спецификацията на разработения модел 
на бензиновия двигател е представена в табл.1. 

  Table 1: Спецификация на моделирания двигател. 
Параметри на двигателя 

Диаметър на цилиндъра [mm]  82,5 
Ход на буталото [mm] 92,8 
Брой на цилиндрите 4 

Степен на сгъстяване  9,8 
Турбокомпресор  BorgWarner K04 

Максимално налягане на впръскване [Bar] 120 
Горивна дюза Вихров тип 

Mаксимална мощност при 6000 мин-1. [kW] 170 
 

Температурата на газа в пълнителния колектор се 
контролират в тесен интервал до 40°C, посредством интеркуър 
и охладител на EGR. На фиг. 3, 4, 5 и 6 са показани основните 
резултати от изследването.  

 

 
Фиг. 3 Температура на газовете преди турбината при различна степен 
на рециркулация при системи с EGR преди и след компресора: ПК- 
система с EGR преди компресора, СК- система с EGR след компресора  

 

 
Фиг. 4 Изменение на азотните окиси при различна степен на 
рециркулация при системи с EGR преди и след компресора: ПК- 
система с EGR преди компресора, СК- система с EGR след компресора  

 

 
Фиг. 5 Изменение на специфичния разход на гориво при различна 
степен на рециркулация при системи с EGR преди и след компресора: 
ПК- система с EGR преди компресора, СК- система с EGR след 
компресора  

 

 
Фиг. 5 Изменение на налягането в пълнителния колектор при различна 
степен на рециркулация при системи с EGR преди и след компресора: 
ПК- система с EGR преди компресора, СК- система с EGR след 
компресора  

 

Първоначално, двигателят работи с температурата на 
отработените газове от около 990°C. и леко обогатена горивна 
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смес. Максималната степен на рециркулация след компресора е 
около 8%. При тази степен на рециркулация, двете системи 
работят със стахометрична гориво-въздушна смес. Въпреки 
това, при системата с EGR рециркулация след компресора 
температурата на отработилите газове е с около 10 °C по-ниска, 
незначителен по-нисък разход на гориво от 254 g/ kWh. срещу 
257g/ kWh. Също така налягането в пълнителните колектори е 
0,154 МРа срещу 0,158 МРа. Максималното увеличение на 
налягането в пълнителния колектор при EGR 8% е съответно с 
0,013 МРа (при система с EGR преди компресора) или 0,009 
МРа (при система с EGR след компресора).  

3. Изводи 
От направените изследвания при EGR 8% може да се 

твърди, че горенето е по-стабилно при систама при системата с 
EGR рециркулация след компресора. Фактът, че емисии на 
NOх са почти еднакви при двете системи, въпреки по-малкия 
ъгъл, при която налягането в цилиндъра достига максимална 
стойност при системата с EGR рециркулация след компресора 
индикират за наличие на незначителна степента на EGR. 
Максималното налягане на цилиндрите на двигателя е 74,5 bar 
(при система с EGR преди компресора) или 76,8 bar (при 
система с EGR след компресора).  
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Abstract:  The hydraulic hybrid is alternative powertrain that offers an efficient way to recover braking energy and designed to enable a 
boost effect that would normally be offered only by complex electric drives. All vehicle manufacturers, in the stages of vehicle development, 
apply Vehicle simulation software for calculation of driving performance, fuel consumption and emissions of toxic gases. In order to 
investigate the potential possibilities of application of hydraulic hybrid drive in passenger cars in the urban environment during standard 
cycle UDC, NEDC, a modeling of the potential hybrid vehicle based on the platform of Yugo Florida is performed. Results show that it can 
achieve significant savings in fuel consumption, especially in case of vehicle motion purely based on hydraulic drive. 

Keywords: HYDRAULIC HYBRID, VEHICLE SIMULATION, FUEL ECONOMY 
 

1. Introduction 
Hydraulic hybrid drive has already found considerable use in 

utility vehicles (garbage truck), but that's not all the possibilities 
offered by this type of powertrain technology. Due to its simplicity 
and robustness, and proven effects in fuel consumption reducing, 
the use of hydraulic hybrid system is suitable for all vehicles used in 
urban areas with frequent start-stop driving regime [1,2]. 

The hydraulic hybrid is alternative powertrain that offers an 
efficient way to recover braking energy and designed to enable a 
boost effect that would normally be offered only by complex 
electric drives. Here, a conventional internal-combustion engine 
combines with hydraulic units and an accompanying nitrogen 
pressure accumulator to provide a brief boost to acceleration. The 
hybrid system is able to support gasoline and diesel engines in 
ranges where they do not work at optimum efficiency. The hybrid 
system makes use of energy that would normally go to waste. 
Braking, for instance, quickly fills up the hydraulic accumulator: 
the kinetic energy captured during braking is converted into 
hydraulic energy and stored in the pressure accumulator. Normally, 
this energy would go to waste, turning into heat in the friction 
linings of the brakes. The advantages of a hybrid powertrain are 
equally evident when the vehicle is travelling at a constant speed. 
Here, the engine can be run within an efficient range while also 
filling the hydraulic energy accumulator. 

2. Current status of hydraulic hybrid technology  
The hydraulic full-hybrid powertrain technology, which Bosch 

is developing in collaboration with PSA Peugeot Citroën (Fig.1), is 
clear in its aims: to supply a hydraulic hybrid powertrain that will 
significantly reduce fuel consumption and CO2 emissions in 
compact cars [5]. 

The hydraulic hybrid is designed to enable a boost effect that 
would normally be offered only by complex electric drives. Here, a 
conventional internal-combustion engine (ICE) combines with 
hydraulic units and an accompanying nitrogen pressure accumulator 
to provide a brief boost to acceleration. The hybrid system is able to 
support gasoline and diesel engines in ranges where they do not 
work at optimum efficiency.  

The power-split concept permits various drive options. For 
short journeys, stored energy can be used to run exclusively on 
hydraulically generated power, with the internal-combustion engine 
remaining inactive and the vehicle producing zero emissions (ZEV). 
For longer journeys, or when driving at higher speeds, 
acceleration force is provided by the internal-combustion engine. 
Alternatively, the two types of powertrain can also be combined. In 
this case, the energy stored in the hydraulic system and the fuel 
burned in the internal-combustion engine work together to drive the 
vehicle, which also provides a brief boost effect. The smart control 
system adapts the operating mode to the driver's command and 
optimises energy efficiency in three different modes. 

 

 
Fig. 1 PSA hydraulic hybrid. 

 
According to the reports issued by manufacturers,  in the New 

European Driving Cycle (NEDC),  it has the capacity to reduce fuel 
consumption by up to 30% when compared to a conventional 
internal-combustion engine. 

 3. Modeling of vehicle 
All vehicle manufacturers, in the stages of vehicle development, 

apply software for calculation of driving performance, fuel 
consumption and emissions of toxic gases. AVL CRUISE [4] is 
Vehicle simulation platform  basically developed for optimization 
of vehicle and vehicle components (fuel economy, vehicle 
performance). 

Its modular concept enables efficient and quick evaluation of 
new vehicle concepts (eg, hybrid electric vehicle, fuel cell). AVL 
CRUISE is used to perform vehicle simulation and powertrain 
analysis. It is designed to develop and optimize low emission 
engines, reliable powertrains, and sophisticated control systems of 
engines, cooling, and transmission systems. CRUISE supports the 
engineer during the whole engine and vehicle development process 
in standard applications, such as fuel economy and full load 
acceleration tests, hill climbing performance and traction diagrams, 
as well as computational concept studies including the mechanical, 
electrical, thermal, and control system. This integrated solution 
makes simultaneous engineering in the development process 
possible, which is the basis for reducing development times and 
costs. properties of selected powder materials. 

In order to investigate the potential possibilities of application 
of hydraulic hybrid drive in passenger cars in the urban 
environment during standard cycle UDC, NEDC, a modeling of the 
potential hybrid vehicle based on the platform of Yugo Florida is 
performed. Basic features of the car are: engine displacement 1116 
cm3, power rating 45 kW at 6000 rpm, curb vehicle weight 910 kg 
and gross vehicle weight 1310 kg. 

Taking into account the fact that it is a subsequent installation 
of the hydraulic drive device for research purposes, a separate 
configuration of driving units was chosen, where the hydraulic 
system is attached to the rear axle of the vehicle. This solution, in 
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addition to the practical side, has the advantage of  better front/rear 
axle load distribution, which is used in some hybrid vehicles (e.g. 
Volvo). It is also easier to solve management system when there is 
only one of the two drives (ICE, hydraulic unit). The downside of 
this solution is doubling the differential mechanism and driving 
shafts, although the measurements of these elements are 
considerably smaller due to the lower values of torque generated by 
hydromotor. 

 
Fig. 2 Hydraulic hybrid model develop by CRUISE 

With the wide use of the opportunities provided by the CRUISE 
simulation software, an upgrade of the standard FWD model as 
applied to vehicle Florida is performed, with a powertrain 
consisting of a rear differential gear and the main gear, and a 
module which performs the function of variable hydraulic 
motor/pump. Of course, the vehicle model is supplemented with the 
control unit (hybrid swich) that performs actuation of the hydraulic 
system based on parameters obtained from the cockpit [3]. Input 
parameters for the hydraulic control unit are: acceleration pedal 
travel, brake pressure, vehicle velocity (speed pump/motor), 
accumulator SOC and vehicle acceleretion during travel. Operating 
range of hydraulic drive is within the range of 1-50 km/h. 

Dimensioning of the hydraulic system was based on the 
declared maximum acceleration, i.e. deceleration in the UDC cycle 
located within the limits + / - 1 m/s2. These system performances 
can be achieved by using a variable axial motor with the nominal 
displacement of 10 cm3, with a rated speed 3600 rpm and maximum 
torque of 42 Nm at 250 bar. Mass of the motor is 8 kg. Accumulator 
capacity is a value directly relevant to the autonomous motion of 
the vehicle on hydraulic drive, and for this purpose the selected unit 
of 10 liters which enables autonomous motion within a UDC cycle. 
Accumulated energy of 0.25 MJ at nominal pressure is enough for 
the vehicle chosen for the simulation. Of course, with the increase 
of the capacity of accumulators (e.g.  PSA), a better autonomy of 
the vehicle can be achieved without using the ICE, although it 
should be noted that this will be followed with the increase of the 
vehicle mass, which ultimately may compromise the energy 
efficiency of the whole project. In general, vehicle operating mode 
is dominant for the selection of optimal characteristics of the 
elements of the hydraulic system. 

Figure 2  shows a simulation model of a car used to examine the 
effects of the application of hydraulic hybrid system with special 
emphasis on energy efficiency and emission of toxic gases. It is a 
standard FWD manual scheme, with the friction clutch and five-
speed gearbox. The optional start-stop function is available, with 
which the effects of the hybrid would be undoubtedly higher, since 
it enables the acceleration of the vehicle up to a certain speed with 
the engine off. In this case it is possible to reduce the fuel 
consumption for a few extra percents. 

4. Comparative analysis of fuel consumption 
Figure 3 shows the distribution of the drive torque at UDC 

cycle, where it is evident that the departure of vehicle is supported 

with ICE, and the hydraulic drive is engaged when the hydro-motor 
speed exceeds 10 rpm. The reason for that is the reduced efficiency 
values at low engine revs. The same principle is applied when the 
hydraulic system works in the pump mode, ie. decelerates the 
vehicle, where the vehicle may stop with the assistance of the 
service brake.  

. 
Fig. 3 Torque from engine and hydraulic unit on UDC 

 
For the purpose of comparative analysis, Figure 5 shows a 

variation of the torque and the introduction of the service brake in 
case of the lack of hydraulic system assistance (motion of the base 
vehicle under UDC cycle) with the remarkable increase of energy 
used by ICE and longer braking. 

 
Fig. 4 Torque from hydraulic unit and accumulator volume on UDC 

 
Figure 4 describes a flow of volume variation in hydro-

accumulator during the UDC cycle, where at the end there is  the 
increase in volume of about 1l, as a result of somewhat greater use 
of ICE for vehicle acceleration, relative to the influence of 
regenerating braking in case of vehicle deceleration.  

 
Fig. 5 Standard FWD Vehicle  on UDC 

Table 1  shows the fuel consumption during UDC for standard 
FWD car and hydraulic hybrid car for different operating 
conditions. Significant reduction (12%) of  fuel consumption during  
vehicle use in urban conditions is evident. 
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Table 1 Fuel consumption in UDC 

Vehicle type standard 
FWD 

hydraulic 
hybrid 

reduction 

Fuel 
consumption 
(kg) for the 
following 
operating 
conditions: 

Overall  0.0489 0.0429 12.3% 

Engine idle 0.0099 0.0099 - 

Acceleration 0.0154 0.0091 40.9% 

Const. drive 0.0170 0.0170 - 

Deceleration 0.0066 0.0068 - 

In any case, the control module (hybrid swich) is the unit which 
maintains the necessary power reserve in the accumulator, 
depending on the desired effect. If the goal is to perform the entire 
UDC drive cycle solely on hydraulic drive (for which it is necessary 
to have a fully recharged accumulator), it is possible to use ICE in 
optimal regime, to refill it to the required level. Figure 6 shows a 
variation of torque from the hydraulic in the process of refilling the 
accumulator up to the full capacity, which is performed during the 
vehicle at a constant speed. The control system is designed to fully 
charge the accumulator during the one UDC cycle, which is shown 
in the same Figure through the increase of the fluid volume  in the 
accumulator. 

 
Fig. 6 Hydraulic hybrid vehicle in regime "accumulator refilling " 

 
With this operation mode it is easily possible to perform one 

UDC cycle with the help of ICE, and the following can be done 
using the energy stored in the accumulator, which dramatically 
reduces fuel consumption. Table  2  shows the fuel consumption 
during this cycle (the next one can be performed exclusively by use 
of hidro-drive) compared to the fuel consumption during the dual 
UDC cycle when using the combined drive. The achieved overall 
savings are at the level of the results declared by the PSA. 

Table 2 Fuel consumption in dual UDC cycle 

Operation mode of the system 

2x  

Combined 
drive 

Combined 
drive with 

restore 
function + 

Solely hydro-
drive 

reduction 

Fuel 
consumption 
(kg) for the 
following 
operating 

conditions: 

Overall  0.0858 0.0595 30.6% 

Engine idle 0.0198 0.0099 50.0% 

Acceleration 0.0182 0.0089 51.1% 

Const. drive 0.0340 0.0332 2.3% 

Deceleration 0.0136 0.0074 45.6% 

 

 

Table 3 shows the comparative fuel consumption of the basic 
vehicle and hydraulic hybrid vehicle in the NEDC, which consists 
of four UDC and EUDC cycles. As expected, the effects of the 
application of hybrid drive are decreasing  at speeds over 50 km / h 
due to the lack of the assistance of the hydraulic unit. Yet the cost 
savings achieved by the use of this kind of hybrid technology in 
passenger vehicles is evident. 

Table 3 Fuel consumption in NEDC 

Vehicle type standard 
FWD 

hydraulic 
hybrid 

reduction 

Fuel 
consumption 
(kg) for the 
following 
operating 
conditions: 

Overall  0.3885 0.3608 7.1% 

Engine idle 0.0457 0.0460 - 

Acceleration 0.1460 0.1153 21.0% 

Const. drive 0.1615 0.1619 - 

Deceleration 0.0353 0.0376 - 

 

5. Conclusions 
• This paper shows the potential benefits gained from the use of 
Hydraulic hybrid system for passenger car, on a NEDC and 
especially during the UDC cycle, where the reduction of fuel 
consumption of approximately 30% is expected. 

• Engine can be run within an efficient range when the vehicle is 
travelling at a constant speed while refilling the hydraulic energy 
accumulator at the same time. 
•  Depending on the capacity of the accumulator, the stored energy 
can be used to run the vehicle exclusively on hydraulically 
generated power, thus providing the vehicle producing zero 
emissions (ZEV). 
• Hybrid systems are highly beneficial in a frequent stop-start 
(urban) driving regimes.  
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THE EFFECT OF TURBULENCE MODEL VARIATION ON FLAME 
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Abstract: In this paper some initial results concerning the evolution of flame propagation in 4-valve engines with tilted 
valves were presented. Results were obtained by dint of multidimensional modeling of reactive flows in arbitrary geometry 
with moving boundaries. During induction fluid flow pattern was characterized with organized tumble motion followed by 
small but clearly legible deterioration in the vicinity of BDC. During compression the fluid flow pattern is entirely three-
dimensional and fully controlled by vortex motion located in the central part of the chamber. The effect of turbulence model 
variation on flame propagation was tackled as well. Namely, some results obtained with eddy-viscosity model i.e. standard k-
ε model were compared with results obtained with k-ξ-f model of turbulence in  domain of 4-valve engine in-cylinder flow. 
Some interesting results emerged rendering impetus for further quest in the near future. In the case of combustion all 
differences ensuing from turbulence model variation, encountered in the case of non-reactive flow were annihilated entirely. 
Namely the interplay between fluid flow pattern and flame propagation is invariant as regards both turbulence models 
applied. 

Keywords: automotive flows, turbulence modelling 

1. Introduction 

It is known for a long time that various types of organized 
flows in combustion chamber of IC engines are of predominant 
importance for combustion particularly with regards to flame 
front shape and its propagation. Some results related to the 
isolated or synergic effect of squish and swirl on flame 
propagation in various combustion chamber layouts are already 
analyzed and published [1, 2] but results concerning the isolated 
or combined effect of the third type of organized flow i.e. tumble 
are relatively less presented and sometimes ambiguous  [3, 4]. 
For instance some authors [5] studied the development of swirl 
and tumble in five different intake valve configurations and 
found that when both inlet valves are opened no defined tumble 
flow structure was created rendering quick vortices dissipation 
before BDC. In spite of the fact that tumble flow is inherent to 
multi-valve engines some authors have demonstrated that some 
two-valve engines exhibit characteristics similar to tumble flow 
[6, 7]. In addition, the fairly similar fluid flow patterns in the 
vicinity of BDC in various combustion chamber geometries yield 
entirely different fluid flow patterns, spatial distribution of 
kinetic energy of turbulence and integral length scales of 
turbulence in the vicinity of TDC [8]. In such occasions the 
significance of organized tumble flow is fairly relative. Some 
theoretical and experimental results show that tumble is of prime 
importance for specific power and fuel economy increase in 
modern engines with multi-valve systems. The beneficial effects 
of tumble on CO, CH and NOx were also demonstrated.  

From the theory of turbulence is known that vortex filament 
subjected to compression reduces its length and promotes 
rotation around its axis yielding the movement on the larger scale 
(“spin-up” effect).  

It can be presumed that tumble pursues the same rule i.e. the 
destruction of formed and expressive tumble during compression 
stroke generates the higher turbulence intensity and larger 
integral length scale of turbulence in the vicinity of TDC 
contributing to the flame kernel formation period reduction and 
faster flame propagation thereafter. The aforementioned logic 
imposes the conclusion that the most beneficial fluid flow pattern 
in the vicinity of BDC is well shaped high intensity tumble. 
Some additional objectives in this paper were qualitative and 
quantitative characterization of fluid flow pattern during 
induction and compression in a particular 4-valve engine, the 
analysis of the valve/port assembly from the point of compliance 
with presumed ideal fluid flow pattern and the clout of turbulence 
model variation on fluid flow and turbulence parameters.  

2. Model and computational method 

The analysis of this type is inherent to multidimensional 
numerical modeling of non-reactive fluid flow and therefore it is 
quite logical to apply such a technique particularly due to fact 
that it is the only technique that encompasses the valve/port 
geometry layout in an explicit manner. In lieu of the fact that, in 
its essence, multidimensional models require initial and boundary 
conditions only their applications is fairly complicated and imply 
some assumptions and simplifications [9]. The full 3D 
conservation integral form of unsteady equations governing 
turbulent motion of non-reactive mixture of ideal gas is solved on 
fine computational grid with moving boundaries (piston and 
valves) in physical domain (500.000-980.000 cells) by dint of 
AVL FIRE code [10]. In this case the numerical solution method 
is based on a fully conservative finite volume approach.  All 
dependent variables such as momentum, pressure, density, 
turbulence kinetic energy, dissipation rate, and passive scalar are 
evaluated at the cell center. A second-order midpoint rule is used 
for integral approximation and a second order linear 
approximation for any value at the cell-face. A diffusion term is 
incorporated into the surface integral source after employment of 
the special interpolation practice. The convection is solved by a 
variety of differencing schemes (upwind or donor cell, 
interpolated donor cell, quasi second order differencing, central 
differencing, MINMOD and SMART). The rate of change is 
differenced by using implicit schemes i.e. Euler implicit scheme 
and three time level implicit scheme of second order accuracy. 
The overall solution procedure is iterative and is based on the 
Semi-Implicit Method for Pressure-Linked Equations algorithm 
(SIMPLE).  For the solution of a linear system of equations, a 
conjugate gradient type of solver (CGS) is used. Two different 
model of turbulence were used. The first one is nearly forty years 
old k-ε model based on Boussinesq’s assumption which is 
certainly the most widely used model for engineering 
computations. On the contrary to some other models, such as 
Reynolds-stress closure model [11], its implementation is 
numerically robust due to simplicity of the model and at the same 
provides an acceptable level of accuracy for particular 
applications.  

The second one is relatively recent k-ξ-f model of turbulence 
i.e. eddy-viscosity model based on Durbin’s elliptic relaxation 
concept [12, 13, 14]. This model solves a transport equation for 
the velocity scale ratio ξ instead of imaginary turbulent normal 
stress component. In addition, the pertinent hybrid boundary 
conditions were applied. 
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3. Results and discussion 

The analysis of fluid flow pattern during induction and 
compression was based on a fairly complicated geometry layout 
presented in figures 1 and 2. Obviously, combustion chamber is 
constrained with dual intake and exhaust valves. The basic block 
data sheet consists of bore/stroke ratio = 80/81.4 mm, squish 
gap=1.19 mm, engine speed RPM = 5500 min-1 and mixture 
quality λ=1. It should be stated that maximum valve lift is 6.95 
mm for intake valves and 6.63 mm for exhaust valves while the 
other geometrical data (relative location, valve shape etc.) could 
be seen in fig.1 and 2.  

 
Figure.1. Perspective view of the combustion chamber geometry 

layout with 4-valves (upper view) 

 
Figure.2. Perspective view of the combustion chamber geometry 

layout with 4-valves (bottom view) 

The effects of turbulence model variation on the evolution of 
fluid flow pattern and spatial distribution of kinetic energy of 
turbulence in 4-valve engine were presented in figs. 3-14 below. 
Namely, figs. 3, 6, 9 and 12 are related to standard k-ε model of 
turbulence while figs. 4, 7, 10 and 13 are related to k-ξ-f model 
of turbulence. Due to symmetry in x-y plane results for both 
model of turbulence were presented in the same figure (figs. 5, 8, 
11 and 14). In order to alleviate comparisons of fluid flow 
patterns particularly in the case of subtle differences colors were 
employed as well. 

 
Figure.3. Fluid flow pattern in x-z plane, y=const.at 340 deg. 

ATDC, k-ε 

 
Figure.4. Fluid flow pattern in x-z plane, y=const.at 340 deg. 

ATDC, k-ξ-f 

During induction and large portion of compression stroke (up 
to 270 deg. ATDC) no legible differences as regards the 
evolution of fluid flow pattern and spatial distribution of kinetic 
energy of turbulence were observed and therefore not presented 
due to economy of the paper. The significant differences are 
commencing in the vicinity of TDC.  

Namely, the fluid flow pattern and less intensive colors in 
figs. 4, 7, 5 (right) and 8(right) than in figs. 3, 6, 5 (left) and 8 
(left) indicate less expressive vortex flow and generally smaller 
velocities in the case of k-ξ-f model of turbulence yielding 
somehow the detention of vortex displacement to the exhaust 
valve zone thereafter. Larger velocities in the case of k-ε model 
of turbulence are encountered in x-y plane as well (figs. 5 and 8, 
left). 

 

 

 

 

 

 

 

Figure.5. Fluid flow pattern in x-y plane, z=const.at 345 deg. 
ATDC, k-ε (left) and k-ξ-f(right) 

 
Figure.6. Fluid flow pattern in x-z plane, y=const.at 360 deg. 

ATDC, k-ε 

 
Figure.7. Fluid flow pattern in x-z plane, y=const.at 360 deg. 

ATDC, k-ξ-f 

 

 

 

 

 

 

 

Figure.8. Fluid flow pattern in x-y plane, z=const.at 360 deg. 
ATDC, k-ε (left) and k-ξ-f(right) 

Differences in fluid flow patterns are pursued in a 
straightforward fashion by certain differences in turbulence 
intensity and spatial distribution of kinetic energy of turbulence 
in all planes. It can be seen that in the case of k-ε model of 
turbulence the maximum kinetic energy of turbulence is located 
in the central part of the chamber (figs. 9 and 12) while in the 
case of k-ξ-f model of turbulence the maximum kinetic energy of 
turbulence is shifted to the intake valve zone (figs. 10 and 13). In 
addition, in the case of k-ε, high values of kinetic energy of 
turbulence prevail and engulf nearly the entire chamber (figs. 11 
and 14, left) while in the case of k-ξ-f these zones are obviously 
smaller and akin to characteristic bean-like form (figs. 11 and 
particularly 14, right). Such behavior could largely affect all 
other in-cylinder processes that incur such as mixing, combustion 
and etc. In general k-ε model of turbulence generates higher 
values of kinetic energy of  turbulence over the broader part of 
the chamber. Namely k-ε over predicts its value.  
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Figure.9. Spatial distribution of kinetic energy of turbulence in x-

z plane, y=const. at 340 deg. ATDC, k-ε 

 
Figure.10. Spatial distribution of kinetic energy of turbulence in 

x-z plane, y=const. at 340 deg. ATDC, k-ξ-f 

 

 

 

             

 

Figure.11. Spatial distribution of kinetic energy of turbulence in 
x-y plane, z=const. at 340 deg. ATDC, k-ε (left) and k-ξ-f(right) 

 
Figure.12. Spatial distribution of kinetic energy of turbulence in 

x-z plane, y=const. at 360 deg. ATDC, k-ε 

 
Figure.13. Spatial distribution of kinetic energy of turbulence in 

x-z plane, y=const. at 360 deg. ATDC, k-ξ- f 

 

 

 

 

 

Figure.14. Spatial distribution of kinetic energy of turbulence in 
x-y plane, z=const. at 360 deg. ATDC, k-ε (left) and k-ξ-f(right) 

The fairly interesting results were obtained in the case of 
combustion that was tackled as well. Namely, combustion was 
modeled in an eclectic, theoretically and experimentally validated 
eddy-breakup model [9, 10]. In the case of combustion all the 
subtleties as regards fluid flow pattern and spatial distribution of 
kinetic energy of turbulence due to turbulence model alteration, 
observed in figs. 3-14, were annihilated entirely.  

The fluid flow pattern and flame propagation (represented as 
iso-contours of temperatures) in various cut planes, for two 
different models of turbulence (k-ε and k-ξ-f) were presented in 
figs. 15-22, below. 

 

 
Figure.15. Fluid flow pattern in x-z plane, y=const. (0.0) at 355 

deg. ATDC, k-ε 

 
Figure.16. Fluid flow pattern in x-z plane, y=const. (0.0) at 355 

deg. ATDC, k-ξ-f 

 
Figure 17. Spatial distribution of temperature in x-z plane, 

y=const. (0.0) at 355 deg. ATDC, k-ε 

 
Figure.18. Spatial distribution of temperature kinetic in x-z 

plane, y=const. (0.0) at 355 deg. ATDC, k-ξ-f 

 

 

 

       

 

 

Figure 19. Fluid flow pattern in x-y plane, z=const. (mid-height 
of the wedge chamber) at 355 deg. ATDC, k-ε (left) and k-ξ-f 

(right) 

          
Figure 20. Spatial distribution of temperature in x-y plane, 

z=const. (mid-height of the wedge chamber) at 355 deg. ATDC, 
k-ε (left) and k-ξ-f (right) 

 

 

 

 

      

  

 

Figure 21. Fluid flow pattern in x-y plane, z=const. (squish zone) 
at 355 deg. ATDC, k-ε (left) and k-ξ-f (right) 
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Figure 22. Spatial distribution of temperature in x-y plane, 
z=const. (squish zone) at 355 deg. ATDC, k-ε (left) and k-ξ-f 

(right) 

It can be seen, in figs. 15, 16, 19 and 21 that, in the case of 
combustion, no clear difference in fluid flow pattern is observed. 
Namely, the well-known “flame dominated fluid flow pattern” is 
encountered characterized with higher velocities in front of the 
flame front and relaminarisation behind the flame front (figs. 15, 
16, 19 and 21). This is legible in all cut planes considered. In 
comparison with corresponding fluid flow pattern in no 
combustion case (figs. 6, 7 and 8) clear differences are indicated.  

The main reason for the relaminarization of the fluid flow 
behind the flame front lies in the fact that flame propagation 
through un-burnt mixture, entire of itself,  accelerates the hot gas 
in front of the flame front. In the case of shear the production of 
turbulence increases with the effect of flame acceleration 
thereafter. In the compressed zone in front of the flame front the 
divergence of the mean velocity is negative yielding the 
generation of turbulence as well. In addition the sign and the 
magnitude of the density gradient within the flame affect the 
diffusion of turbulence. Referring to the energy conservation 
equation one can find the maximum enthalpy in the zone of 
minimal density, i.e. behind the flame front so these higher 
temperatures cause the intensive increase of viscosity with the 
consequential increase of Ret-number, the increase of viscous 
dissipation of turbulence and shifting of the velocity fluctuations 
to the low frequency part of spectrum.  

In the heat release zone the dilatation of turbulence reduces 
the turbulent kinetic energy yielding fairly legible soothing or 
attenuation (relaminarization) of the fluid flow. It can be seen, in 
figs. 17, 18, 20 and 22, that in a particular combustion chamber 
geometry layout, flame propagation as regards its velocity and its 
flame front shape is entirely invariant vis-à-vis alteration of k-ε 
model of turbulence to k-ξ-f model of turbulence. 

4. Conclusions 

The fluid flow pattern during induction and compression in 
the particular combustion chamber geometry of 4-valve engine is 
extremely complex and entirely three-dimensional. In the case 
with two valves opened tumble motion during induction is clearly 
legible and followed by gradual deterioration in the vicinity of 
BDC due to non-uniform distribution along y-axis. During 
compression strong vortex flow around y-axis and fairly 
expressive coinciding flow along x-axis in reverse direction is 
encountered contributing to the inconvenient spatial distribution 
of kinetic energy of turbulence in the vicinity of TDC. The 
modeling of turbulence strongly affects the evolution of fluid 
flow pattern and spatial distribution of kinetic energy of 
turbulence in 4-valve engines. In general k-ε model of turbulence 
generates higher values of kinetic energy of turbulence over the 
broader part of the chamber than corresponding k-ξ-f model of 
turbulence. In the case of combustion all differences ensuing 
from turbulence model variation, encountered in the case of non-
reactive fluid flow were annihilated entirely. Namely the 
interplay between fluid flow pattern encountered (“flame 
dominated fluid flow”) and flame propagation is invariant as 
regards both turbulence models applied. On the contrary, such a 

conclusion is not valid either in the case of “squish dominated 
flows” or in the case of “coincident flow”. 
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Abstract: Biogas is a typical "product" of urban discharges, which has a great negative environmental impact. To avoid this negative effect, 
it can be burnt at very high temperatures, producing smoke emissions composed of CO2. A useful alternative is to use biogas as fuel to feed 
co-generation plants, producing electricity.At the moment biogas is used as fuel, introducing it directly in the combustion chamber. 
Nevertheless the heterogeneity of the gas stresses the engine, reducing its life. The new technology should treat the biogas before putting it 
into the engine, reducing its heterogeneity and stabilising it in that range of characteristics which are acceptable for the engine.  
Such a technology has the advantage to preserve the environment from the emission of biogas, guaranteeing, at the same time, a higher 
safety of discharges. In fact, biogas produced by urban discharges could create big gas pockets with a high pressure, that could cause 
explosions. Using biogas as fuel for internal combustion engines will make discharges safer than before and at the same time it will be a 
useful alternative source of power. While biogas has multiple benefits at the individual family level, it also has several qualitative and 
quantitative benefits at the societal level.  
KEY WORDS: BIOGAS, AGRICULTURE BIOMASS, FUELS.METHANE, 
 
Introduction 
 
Biogas is generated when bacteria degrade biological material in the 
absence of oxygen, in a process known as anaerobic digestion. 
Since biogas is a mixture of methane (also known as marsh gas or 
natural gas) and carbon dioxide it is a renewable fuel produced from 
waste treatment. Anaerobic digestion is basically a simple process 
carried out in a number of steps that can use almost any organic 
material as a substrate - it occurs in digestive systems, marshes, 
rubbish dumps, septic tanks and the Arctic Tundra. Humans tend to 
make the process as complicated as possible by trying to improve 
on nature in complex machines but a simple approach is still 
possible, as I hope you see in the links below.  
If you are new to biogas/biofuel and anaerobic digestion for waste 
treatment or fuel production these pages are intended to assist you. 
If you only need some simple information the first couple of links 
will be most useful, while the later pages are to help those 
considering starting a digester project 
Methane, which is makes up from 0% to 80% of biogas, forms 
explosive mixtures in air, the lower explosive limit being 5% 
methane and the upper limit 15% methane. Biogas mixtures 
containing more than 50 % methane are combustible, while lower 
percentages may support, or fuel, combustion. With this in mind no 
naked flames should be used in the vicinity of a digester and 
electrical equipment must be of suitable quality, normally 
"explosion proof". Other sources of sparks are any iron or steel 
tools or other items, power tools (particularly comutators and 
brushes), normal electrical switches, mobile phones and static 
electricity.If conducting a flammability test take a small sample 
well away from the main digester, or incorporate a flame trap in the 
supply line, which must be of suitable length (minimum 20 m).  
Biogas consists mainly of CH4 and CO2, with low levels of H2S and 
other gases. Each of these components has its own problems, as 
well as displacing oxygen. 
CH4 - lighter than air (will collect in roof spaces etc), explosive (see 
above). 
CO2 - heavier than air (will collect in sumps etc), slightly elevated 
levels affect respiration rate, higher levels displace oxygen as well. 
H2S - (rotten egg gas) destroys olfactory (smelling) tissues and 
lungs, becomes odorless as the level increases to dangerous and 
fatal.  
Adequate ventilation, suitable precautions and adequate protective 
equipment will minimize the dangers associated with biogas, 
making it a good servant rather than a bad master. 

 
Benefits of biogas 
 
Biogas technology makes optimal utilization of the valuable natural 
resource of dung; it provides nearly three times more useful energy 
that dung directly burnt, and also produces nutrient-rich manure.  
 

As a cooking fuel, it is cheap and extremely convenient. Based on 
the effective heat produced, a 2cu m biogas plant could replace, in a 
month, fuel equivalent of 26 kg if LPG (nearly two standard 
cylinders), or 37 liters of kerosene, or 88kg of charcoal, or 210 kg 
of fuel wood, or 740 kg of animal dung. In terms of cost, biogas is 
cheaper, on a life cycle basis, than conventional biomass fuels 
(dung, fuel wood, crop wastes, etc.) as well as LPG, and is only 
fractionally more expensive than kerosene; the commercial fuels 
like kerosene and LPG, however, have severe supply constraints in 
the rural areas. 
 
Potential of biogas 
 
In India, the dissemination of large–scale biogas plants has began in 
the mid-seventies and the process has become consolidated with the 
advent of the National Project on Biogas Development (NPBD) in 
1981, which has been continuing since. Against the estimated 
potential of 12 millions biogas plants, 2.9 millions family type and 
2700 community, institutional and night soil-based plants have been 
set up till December 1999. This is estimated to have helped in a 
saving of 3 million tons of fuel wood per year and manure 
containing nitrogen equivalent to 0.7 million tons of urea. 
 
However, in terms of total dung that is available in the country, the 
potential is much more. The bovine population in India is 260 
millions. Adult bovine produces an average of 10kg of dung per 
day. Since grazing is a common practice in India, all the dung 
produced cannot be collected. If it is assumed that 75% of the dung 
is collected, nearly 2 millions tones of dung would be available 
everyday. At 25 kg per one cubic meter, this dung can feed as many 
as 40 millions biogas plants of 2 cubic meter capacity, which can be 
considered the ultimate potential for biogas technology. 
 
But even this high potential of biogas is based on animal dung only. 
However, all organic matter can technically be used to generate 
methane; if the scientific experiments that are going on in the 
country under the patronage of MNES to develop alternative feed 
stocks (such as water hyacinth, kitchen waste, and poultry waste) 
come to fruition, potential for biogas generation could be virtually 
unlimited. It can be mentioned in this context that human waste is 
an excellent source of biogas which would enhance the potential; 
substantially. With such high potential, which can be routed to 
hitherto unemphasized applications of shaft power and electricity 
generation, biogas can make a significant contribution to the 
development of small industries and agriculture, and thus to the 
overall advancement of the rural areas. 
 
Materials and methods of biogas production 
 
Two kinds of materials are used to produce biogas in this Base: 
Dung (pig waste) and distiller's grains.  
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In a small pig farm, the quantity of dung collection is 4 kg/d per 
head. There are 90 heads of pigs in the Base, so the quantity of dung 
each day equals to 360 kg/d. The total solids (TS) are 18%. If the 
fermentation materials entering the digester are calculated by 8% of 
TS concentration, the quantity of input mixed materials of digester 
is 810 kg. In the different fermentation process and digester 
construction, the outputs of biogas are different. If using a small 
hydraulic biogas digester, 13 m³/d of biogas can be produced; If the 
mesophyllic fermentation is practiced, the biogas yield will increase 
greatly. The distiller's grains are stillage of ethanol production 
excluding from the workshop with high temperature of 80°C. The 
distiller's grains can be used not only for the raw materials alone of 
biogas fermentation but also for a mixed material with dung so that 
the higher temperature of the distiller's grains is beneficial for 
increasing the temperature of fermentation slurry. Because the 
ethanol production from sweet sorghum may be only carried out 
during the harvest season, the distiller's grains as raw materials of 
biogas fermentation will not be supplied continuously. Therefore, 
the pig waste will be the main raw materials of biogas fermentation 
throughout the year.  
 
Digester 
There are three kinds of digesters: hydraulic, half-plastics, and 
anaerobic filter with sludge bed which were respectively built under 
the ground of pig houses, beside the pig house, and on the slope to 
form a biogas supplied system jointly.  
 
A. Hydraulic biogas digester  
Two round hydraulic digesters were built under the ground to the 
eastern side of pigsty, each of them has 10 m3 volume and 2.6 m 
diameters. On the basis of 80% of volume to input materials, each 
digester can be inputted 8000 kg slurry to produce the biogas which 
will be used directly for the biogas stove and lamp in the pig 
houses. Combined with other digesters, the biogas produced can be 
provide to the generator as a power fuel. Because the hydraulic 
biogas digester was built under the ground of pig houses, and the 
pig house was covered by the plastic film, the digester can avoid the 
severe cold during the cold seasons and in winter safely. The biogas 
residue is a kind of high quality organic manure.  
 
B. Plastic covered digester  
The plastic covered digester is a rectangle half-underground pool 
with 6 m long, 2.6 m wide, and 3 m deep, the pool is covered and 
sealed by the black red-mud plastics. After the digester is filled with 
the materials in batch (according to 60% of volume), the digester 
start-up and produce the biogas which is led out through the duct on 
the plastic cover and delivered to the biogas tank. In order to 
increase the outlet pressure of biodigester, a certain load can be 
added to the plastic cover to adjust the pressure. Because of the 
bigger area of plastic cover, when the solar radiation is intense, it 
can have the slurry gain more heat energy, which enables to have an 
active biogas production process and a high production rate. 
However this kind of digester does not work during the severe cold 
seasons. In this case the digester is only as a dung tank. The biogas 
residues of the digesters after fermentation need to be pumped out.  
 
C. Sludge bed + Anaerobic digester (UASB + AF)  
This digester will be built on the slope in front of the pigsty. It 
consists of biogas engineering system with slurry collector, 
pretreater of raw materials, slurry measuring meter, biogas tank, 
biogas hydroextrator, desulphurising and post-treatment equipment.  

a. Slurry collector: The solid dung is collected into the 
slurry collector, the water after washing the cement floor 
and the waste water of ethanol workshop through the heat 
exchanger flow into the slurry collector to wait for using.  

b. Pretreatment equipment: The slurry after getting rid of 
big solid, with the aid of the natural slope, flow onto the 
pretreater through the filter. The concentration of the 
slurry must be above 7% TS, and PH value should meet 
the needs of biogas fermentation.  

c. Measurer: The fermentation materials were introduced 
to the digester according digester requirements. At the 
same time, the temperature of the slurry should reach the 
requirements for mesophyllic fermentation.  

d. Digester: The digester is cylinder, folding style, made 
of reinforced concrete with 25 m diameters, 7 m high and 
36 m3 volume. This is because the Base is located at high 
ground, the digester is not suitable at a place too high, and 
should avoid wind and preserve heat energy. The digester 
is consists of two cylinders, the one outside is anaerobic 
sludge bed digester and the one inside is anaerobic filter. 
The digester is located at half underground and a 
greenhouse is arranged on it to enhance the temperature 
of digester. The slurry is processed by mesophyllic 
fermentation (35°C).The slurry in the filter was pumped 
into digester after getting heat energy from the cooling 
water of the cogenerator and the waste water of ethanol 
workshop to ferment. This kind of UASB + AF digester 
has two advantages, namely promoting the biogas 
production rate and decreasing the hydraulic retention 
time to make the digester function steady. The materials 
inletted a day is 1600 kg, and the hydraulic retention time 
is 21 days.  

e. Biogas storage vessel: The storage vessel adopts the 
pillow type, with a attached weight plate, increasing the 
pressure to 350 mm of water column to meet the requests 
of biogas generator.  

f. Hydroextracted and desulphurizing equipment: In order 
to prevent the generator from the erosion of biogas, the 
centrifugal hydroextractor and the ferrous oxide should be 
used to get rid of H2S in the biogas.  

g. Post-treatment equipment: The exhausted materials are 
separated into solid and liquid. The liquid flows into the 
fish pool and solid residue is used as manure. 

The start-up of USAB process: After the sludge granules are 
cultivated, it can improve the subsidence ability of sludge, avoid the 
sludge up float, and make digester work at a high volumetric COD 
loading to ensure the system to have a steady ability. The granule 
sludge can stay in the digester for a long time and hence long 
average cell retention time, so it may accumulate a lot of 
methanogens to make sludge have higher activity. The biofilm of 
the granule can protect methanogenens against unfavorable impacts, 
such as, shock loadings and low pH in the short term, etc. The 
granule forming of the sludge is the key to UASB digestive process. 
To keep a long steady ability of the sludge is very important to the 
normal function.  
As the seed sludge is selected, the thicker types of digested sewage 
sludge can be considered as proper seed materials for UASB 
digester .If no this condition, the small amount of crushed granule 
sludge should be added to the seed materials to promote the bacteria 
growing and divisive. This attached loading is particularly 
important to stimulate the sludge curdy. Experimental results 
obtained indicate that 12-15 kg Vss/m3 suffices are adopted when a 
thick digester sewage sludge is applied for mesophyllic digester 
start-up, whereas 6 kg Vss/m3 is recommended in the case the seed 
sludge is relatively thin (<40 kg TS/m3).  
 
The factors which affect cultivating granular sludge are mainly the 
kinds of substrate, control and operation conditions, nutrients and 
environmental conditions.  

* Slurry concentration and nutritious substance: In the 
mesophyllic fermentation using pig dung, it is suitable to 
use 5% TS of slurry in the beginning. And 7% TS should 
be added after start-up. The method of backflow sludge is 
recommended when the concentration of inlet water is 
high.  
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Trace elements have significant effect on the growth of 
bacteria in an anaerobic fermentation system. The 
researches show that the supplementary enzyme F420 of 
the methanogen contains Nickel. The addition of trace 
elements, such as Ni, Co, Mo, and ZnSO4, into digesters 
results in positive effects. All theses elements should be 
considered during the cultivation of granule.  

* Operation and control conditions: The experiments 
show the main control conditions influencing the process 
of forming sludge granule is the sludge loading. The 
granule will be cultivated when the pig dung is 5% TS, 
and after functioning for a period of time, 7% TS should 
be added.  

* Environmental conditions: All the conditions which are 
suitable to bacteria growing will promote cultivation of 
sludge granule. The suitable temperature suggested for the 
cultivation of granule sludge is ranged within 35° C to 
38° C.  

Biogas as a substitute for diesel fuel 

-  Introduction  
Because of the current energy shortage, there has been much 
interest in developing new fuels as alternatives to petroleum fuels. 
Biogas appears to be a feasible fuel for internal combustion engines 
because it can be derived from agricultural surpluses and residues 

which provide the raw material for biogas production. By feeding 
the byproduct of the biogas production process, a farmer may even 
incorporate the production of his own fuel as an integral part of the 
food production system. Because a majority of Chinese farmers are 
equipped with diesel-powered farm machinery and this trend is 
growing rapidly, it is important to have a clear understanding of the 
effects of the use of biogas in diesel engines.  
 
- Objectives  
The objective of the research was to demonstrate the feasibility of 
using biogas as a alternative fuel for diesel engines, and to 
determine any associated problem. More specific objectives were to 
modify diesel engines of types commonly used on farms so that 
they would operate as efficient as possible on biogas alone, or a 
mixture of biogas and diesel fuel, and to study the performance of 
the modified engines.  
- Performance of biogas alone in L195 diesel engine  

a Equipment  
A L195 diesel engine which was coupled to a water-brake 
dynamometer was converted to biogas alone. Engine specifications 
are given in Table 6.1. Biogas from digester of brewer's grain liquid 
was chosen as a fuel. The composition of the biogas was 63 percent 
methane, 31 percent carbon dioxide and traces of CO, H2 and H2S. 
The lower heating value of the biogas was 3000 kcal/m3 And the 
average pressure for biogas inside the storage tank was 600 mm of 
water column.  

 
Table 1. Specifications of LI 95 engine 
Number of cylinders 1 
Displacement (cm3) 815 
Compression ratio 20 
Combustion chamber Indirect injection 
Governed speed (RPM) 2000 
12 hr. power (hp) 12 
Specific fuel consumption (g/hp  hr) 195 
 
A gas carburetor, especially designed for biogas, was used to mix 
the gas and the air. It contains a control valve and a T-tube with a 
venture throat. Fig.6.4 shows its schematic diagram. the amount of 
biogas was controlled by the throttle valve of the carburetor to 
improve the properties of biogas and air mixture. In this way, the 
biogas was first mixed with air from air filter inside venture throat 
of the gas carburetor. And then, the mixture of biogas and air was 
introduced to the combustion chamber of the engine.  

b. Modifying combustion chamber 

Because the LI 95 engine has a indirect injection combustion 
chamber, an intensive eddy of air will be produced during operation 
of the engine. This makes it difficult to start the engine, and to 
maintain a stable inflammation. Therefore, the area of combustion 
chamber section was increased in order to eliminate the above 
problems. After modification of the combustion chamber, the 
compression ratio also had a slight decrease.  

c. Installing a spark ignition system 

The original fuel injection system was eliminated. A spark plug was 
installed in the position of the original diesel injector orifice. The 
spark plug should be considerably chosen so that its electrodes 
could be located at a proper position of the combustion chamber.  

d. Appending a biogas control apparatus 

A conical valve was used in order to control the amount of biogas 
admitted to the gas carburetor. In addition, a linkage which connects 
the conical throttle of the gas carburetor and governor of the engine 
was mounted on the engine. Moreover, a main valve was used for 
controlling the flow of biogas. A gas flow meter was used for 
measuring the flow rate of biogas. And a U-shape manometer was 

used for measuring the pressure of biogas, and a pressure regulator 
for maintaining pressure of biogas was installed on the engine.  
 
C. Testing procedure  
Variables measured were: torque, speed, flow rate of biogas, and 
exhaust temperature. The torque output and engine speed were 
measured using a water-brake dynamometer (Model SCJ-l).The 
temperature of the exhaust gases was determined by thermocouple 
connected to a potentiometer. The flow rate of biogas was measured 
by the gas flow meter (Model LZB-25).The compression ratio was 
changed through increasing or reducing the numbers of cylinder 
head gaskets. The tests were carried out at different compression 
ratio conditions, such as 13.4: 1, 16.5: 1 and 17.4: 1. A proper spark 
timing was determined under each compression ratio after 
comparison. A piezoelectric pressure transducer was installed in the 
cylinder head to measure the pressure in the combustion chamber 
when the compression ratios were 13.4: 1 and 16.5: 1. From the 
pressure curves, it can be seen that no denotation and misfire 
occurred. When load performance of the engine, using biogas alone, 
was tested, the amount of biogas supply was controlled manually.  
 
D. Results  

a. Load Performance of the engine 

The load performances of the engine at three compression ratios 
were tested. The results are shown in Fig.6.6. Specifically, when the 
engine using biogas alone operated at 2000 RPM with 39.2° rank 
angle of spark timing and compression ratio being 17.4: 1, its load 
performance data are shown in next table. 
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Table 2. The load performance of L195 engine using biogas 

Force (kg) Power (HP) Biogas consumption (m³/hr) Specific biogas consumption (m³/hp/ hr) 

2 2.45 5.43 2.22 
4 4.89 5.85 1.20 
6 7.34 6.06 0.83 
8 9.79 6.27 0.64 
9 11.02 6.89 0.63 

10 12.24 7.52 0.62 

From the Table it can be seen that the maximum power of the 
engine operating on biogas alone was about the 90 percent that of 
the engine's original power. The temperature of the exhaust gases 
were ranged within 550 °C to 610"C, which was slightly higher 
than the usual temperature level. The heat consumption rate was 
3000 kcal/hp/ hr.  
C. Stability of engine performance at low speed  
The engine using biogas alone showed a stable operation at a low 
speed. No vibration occurred. And the engine running with biogas 
alone performed well at low speed (around 400-500 RPM).  
D. Start performance  
The engine using biogas alone could be started well as other 
gasoline engines do. No other fuels were needed to start the engine.  

Discussion: 

The compression ratio has a great effect on thermal efficiency and 
combustion performance of the engine. High compression ratio 
means a high thermal efficiency. However, too big in a increase of 
the compression ratio may cause detonation of the engine. It was 
unknown what the maximum compression ratio was. However, 
according to experiments, when the compression ratio reached 17.4: 
1, no severe combustion and detonations were observed. From the 

Fig.6.6, it can be seen that the specific biogas consumption was not 
very high within a very wide load range when the combustion ratio 
was 17.4. And the power was also not lower than that of engine's 
original power. This suggests that biogas has a higher anti-
detonation value. Therefore, to increase compression ration is an 
effective way for improving the performance of the engine 
operating on biogas alone.  
- Dual-fueling a 2100 diesel engine with biogas  
A. Equipment and procedure  
The engine used in this study was a case model 2100 2-cylinder, 
direct injection diesel engine which was connected to a 12 kw 
generator. The engine was rated to 22 hp at 1500 RPM. The 
compression ratio was 16: 1, because the engine could not reach its 
maximum loads under the regulated electric load, a baseline study 
was run in which all of the fuel energy was supplied by diesel oil 
before it was converted to diesel/biogas blended fuel. The load 
performance of the engine using diesel oil alone is shown in Table 
6.3. Latter, the original diesel supply system was maintained in 
order to supply diesel oil as a pilot fuel. A gas carburetor was used 
to mix the gas and air. The converted engine was loaded in a similar 
manner while diesel/biogas blended fuel was used. Thus, the 
performance of the engine using blended fuel could be compared to 
that of engine operating on diesel only.  

Table 3. Load performance of 2100 diesel engine running on diesel oil alone at 1510 RPM 
Power (hp) Fuel consumption (kg/hr) GT Specific fuel consumption (g/hp/ hr) 

0 1.01 - 

5.66 1.82 321 

12.24 2.79 228 

16.46 3.43 206 

18.36 - - 

19.72 3.93 199 

During experiments, both the compression ratio (16: 1) and the 
original injection timing were maintained. The flow rate of biogas 
was also measured by the gas flow meter (Model LZB-25). An 
automatic fuel weighing system (Model TCY-69) was used to 
measure diesel consumption. In order to avoid instability of 
working load, several lamps were used as loads of the dynamo. 
Each time when the load was added, the amount of biogas and 
diesel oil were adjusted manually and automatically, respectively. 
The percentage of biogas should be increased as much as possible 
as long as normal combustion was achieved, and the speed and 
voltage were stable.  

Results and discussions 

The 2100 diesel engine using biogas/diesel blended fuel 
could perform very well at its original power levels. Table 6.4 

shows the performance data of the engine with duel fuel at 1510 
RPM. From the Table it can be seen that percentage of the pilot 
diesel fuel was ranged within 10.4% to 17.7% when the load of the 
engine varied from zero to one hundred. And the percentage of pilot 
diesel fuel was 15% at medium and full loads. In addition, the 
relative saving rate of diesel fuel was slightly higher than that which 
is wanted. Because the high relative saving rate of diesel fuel means 
the small amount of pilot fuel, leading to instability of combustion. 
Hence, it is suggested that the pilot diesel fuel should not be less 
than 15%-20%, and the relative saving rate of diesel fuel should be 
controlled within 75%-80%. From the tests, it is known that the 
biogas consumption was 0.6 m³ (at standard atmospheric 
conditions) when 1 kw / hr electricity was generated.  
After experiments, the engine unit was put into real production. It 
operated more than 132 hours, generating more than 1000 kw / hr 
electricity. The data from production practice were about the same 
as that from the tests.  
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Power 
Fuel consumption Specific fuel consumption Pilot R Heat 

consumption Diesel Biogas Diesel Biogas fuel diesel 

(hp) (kcal/hp hr) (kg/hr) (m³/hr) G'T (g/hp / hr) m³/hp /hr) (%)  (%) Diesel Biogas 

0 0.41 4.18 - - 10.4 59.4 - - 

5.66 0.70 4.08 124.0 0.721 17.7 61.5 1265 3605 

12.24 0.49 6.58 40.0 0.538 12.4 82.5 408 2690 

16.46 0.48 7.63 29.2 0.464 12.1 86.0 299 2320 

18.36 0.49 8.15 26.7 0.444 12.4 - 272 2220 

19.72 0.53 8.15 26.9 0.413 13.4 86.5 274 2065 

Note: GT -See Table 

 =(GT-G'T) /GT x 100%, at the same performance 
conditions 
R-Relative saving rate of diesel fuel 
The volume of biogas was measured at standard 
atmospheric conditions 

Conclusions 

The modifications of a conventional diesel engine to operate on 
the dual-fuel system using carbureted biogas and injected diesel 
fuel as proposed in this paper is practicable. When there is no 
biogas available, the engine can be switched over to diesel oil 
alone easily.  
The engines running on biogas alone or diesel/biogas dual-fuel 
can perform well at a very wide load range. 
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Abstract—Long-term success of decentralized bioenergy projects in practice is not only based on reliable plant management by well-informed 
and attentive operators, but is heavily dependent on initial choice of appropriate technology and precise assessments during the planning phase. 
Learning from failed projects can be as efficient as learning from success stories. All decisions should be based on a detailed assessment of 
economic viability, a precise evaluation on how the plant fits into existing infrastructure and current site management, and sufficient 
understanding of the relevant technical and regulatory implications. 

Keywords-bioenergy; anaerobic digestion; planning phase; decision process; success factors 

I. INTRODUCTION 
Bioenergy with utilization of biomass from forestry and farming, 

and of organic wastes, holds significant potential to contribute towards 
a higher share of renewable energy.  

Each bioenergy project is unique. While planning for centralized 
plants at larger scales can to some extent be based on standardized 
procedures, decentralized small-scale units require particularly site-
specific assessment in order to result into economically viable and 
long-term successful installations. This typically is the case for 
anaerobic digestion plants at farm scale, where in most cases the 
farmer does not only partially carry out the planning himself/ herself, 
but also takes decision for simplified technology adapted to site or 
substrate specific needs in order to reduce overall costs. Sustainable 
integration into overall farm management and into long-term planning 
for the whole site is a prerequisite. 

This presentation highlights factors relevant for successful 
implementation of decentralized bioenergy projects based on looking 
at the anaerobic digestion technology and compiling knowledge as 
observed in practice and gained through consulting activities. Its aim 
is to raise awareness for relevant factors in such projects. Attention is 
drawn here on the information provided in the section 
“Acknowledgment”. To a considerable extent (where not indicated 
otherwise in the following) the contents are also available as part of 
the final report of a research project [1]. However, availability in the 
focused form of this presentation is expected to be of benefit both for 
planners and for future plant operators. 

II. DECENTRALIZED AD
A. The Process 

Anaerobic digestion with biogas production is a well-established 
technology, but with high potential for more widespread 
implementation in Europe and elsewhere. In the EU, at least 25% of 
all bioenergy in the future can originate from biogas, produced from 

wet organic materials such as: animal manure, whole crop silages, wet 
food and feed wastes [2]. 

Anaerobic digestion (AD) with biogas production makes use of a 
naturally occurring anaerobic process and supplies a controlled 
technical environment (favourable environmental conditions for the 
groups of microorganisms involved, including absence of free oxygen, 
control of temperature) that allows catching and utilising the gases 
produced for energy generation. AD with biogas has the potential of 
producing green energy like power, heat or vehicle fuel. In addition, 
digestion of manure is currently the most promising way to tackle 
climate gas emissions from agriculture and especially from animal and 
dairy production. Additionally added organic wastes and energy crops 
can boost the gas yield, while at the same time AD contributes to 
successful regional waste management schemes. 

An AD facility typically consists of the substrate storage and pre-
processing unit, the actual digester(s), storage unit(s) for digestate, and 
gas valorisation. The degree of complexity of the whole plant and of 
individual components varies with the size of the AD facility and the 
substrates. Solid substrates in most cases require pre-processing. 
Diversified equipment is available on the market, however the 
technically informed future plant operator (or with help of a 
specialized consultant or independent planner) can significantly 
reduce investment costs of decentralized small-scale AD facilities by 
replacing standardized equipment with more simple installations 
which might not need any service of the commercial AD plant 
supplier. One example is decision in favour of a heated reception and 
mixing pit which offsets necessity of a commercial solid substrate 
feeder. 

Fig. 1 and Fig. 2 provide examples of two typical farm-based AD 
facilities of different sizes (capacities), with the first one being an 
option recommended for decentralized units. 

animal barns

heat consumer

solid substrates reception pit
with

mixer and pumpdilution water

digester
heated, stirred
with gas holder

38°C
digestate storage

CHP unit electricityheat

recyclate

slurry

landspreading

digestate

biogas

feed-in

internal consumptioninternal consumption

Figure 1.  Small-scale (up to range of around 75 kW) AD facility with minimum equipment for digestion of slurry/ manure and a limited amount of solid 
substrates (e.g. grass); recyclate is used in order to reduce the necessary amount of dilution water to assure favourable water content in the digester [1] 
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Figure 2.  Example of a larger-scale (around 500 kW) AD facility with minimum equipment for digestion of slurry/ manure and solid substrates [1]  
Figure 3.  

B. Valorisation of Outputs 
Anaerobic digestion creates two main types of output: biogas 

which is rich in energy and digestate which is rich in nutrients but may 
also contain harmful substances. Biogas can be converted to useful 
energy in different ways: 

• gas boiler for use of heat on site
• conversion into electricity exported to the grid and local heat

via CHP on site (or pipe to remote CHP)
• vehicle use or injection to the gas grid after cleaning the

biogas to methane
With a Combined Heat and Power Plant (CHP), heat and 

electricity are generated simultaneously. Fueled with biogas, this 
environmentally friendly technology is even more favourable. Biogas 
is burned in a combustion chamber which produces a flow of hot air 
that drives prime movers; a generator converts this rotational energy 
into electricity. CHPs are based on gas or dual fuel engines. With the 
last, it must be considered that additionally to the gas a specific 
amount of ignition oil is needed, to ignite the gas. This is to be 
considered as additional cost factor. However, dual fuel engines can 
be operated in case of a breakdown of the biogas supply with pure 
ignition oil, which prevents operational failures of the biogas plant. 

CHP is the most common valorisation pathway for biogas – 
especially at small to medium-sized installations. A CHP unit is 
particularly suitable at an AD plant, since some of the generated heat 
can be directly used to maintain the digester temperature. Exhaust heat 
can be pumped out through insulated pipes, to provide space and water 
heating for local buildings. Heat which cannot be used must be 
dissipated. Only heat which is used by consumers (others than the AD 
plant itself) has an economic value for the AD plant operator, as it has 
the potential to replace other ways of heating such as heating with oil 
or natural gas, or electric heating. 

While landfill gas is mostly converted to electricity alone (there is 
no significant heat demand at landfill sites), AD reactors require heat 
input and combined heat and power generation is the more favourable 
option compared to electricity generation alone. The efficiency of 
CHP units at electricity generation is almost at the level of 
conventional generators and their overall efficiency degree is higher 
due to the co-generation of heat energy which is at least partially used. 

Sometimes cooling is also produced (‘trigeneration': electricity, 
heating and cooling). Here, some of the heat drives absorption chillers 
producing cold air for air conditioning (used e.g. for local buildings or 

pig units in hot summers). The exhaust heat of the CHP unit is low 
grade energy, and the energy content is not enough to achieve the low 
temperatures required for example for cold stores (< 8°C). However, 
new technologies are under research and development. 

Combustion solely for heating purposes (no electricity) is done at 
some very small plants in Europe and elsewhere. Generation of heat 
alone will in most cases not be the most favourable option, as even 
very small plants easily generate more heat than required. In case of 
potential heat demand it might however be an option. 1 m³ biogas with 
a methane content of 55% has the energy content of 0.55 litres oil. 

For use as either a vehicle fuel or for injection into the network the 
biogas has to be cleaned and upgraded. Upgrading to biomethane 
currently is only viable for large-scale AD facilities (MW range, not 
kW range). 

The second main output of AD is digestate, which contains the 
non-metabolized constituents of the substrates. If the digestate can be 
spread to land, its fertiliser value adds a benefit to the AD installation. 
AD results in a digestate with an improved fertiliser value, with 
excellent potential to displace mineral fertilisers. Compared to direct 
utilisation of animal manure AD digestate is much more predictable in 
its fertilising effect, as the anaerobic process converts organic nitrogen 
into ammonia. In raw animal manure 30-50% of the nitrogen is in 
organic form and must first be mineralised for plant uptake. AD 
digestate also minimises leaching losses – when spreading manure, 
nitrate is a significant pollutant.  

Digestate is rich in nutrients but it may also contain harmful 
substances. Fertiliser value of useful digestate increases economic 
viability. Digestate which cannot be spread to land must be disposed 
of, which implies additional costs.  

III. THE PLANNING PHASE
A. General Considerations and Pre-Planning 

Biogas production reduces greenhouse gas emissions and 
contributes to an environmentally sound waste management treatment 
concept. Every well-run biogas plant contributes to fight the global 
warming and reduces pollution of the environment. In addition to the 
positive environmental aspects, an economically viable biogas plant is 
a source of additional income for the operator. If well integrated into 
the farm concept, it is to be expected that the biogas plant has mostly 
positive interactions with the rest of the farm business. This includes 
the supply of feedstock, provision of digestate offsetting fertiliser cost, 
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use of labour in slack time of the farming year and cheaper supply of 
heat. 

Investment in a biogas plant is long-term fixed and should be 
carefully assessed. It is not possible to fix a financially stricken farm 
business through a biogas plant. For the project financier, which is 
usually a bank, not only the usual credit examinations as credit-
worthiness, solvency are of crucial interest, but also the technical 
feasibility and especially the assessed economic viability of the 
planned plant, and as well the integration of the AD project into the 
business shape. 

In order to make a sustainable decision, a potential biogas plant 
operator should be well-informed about technical issues, biological 
issues, financial aspects and regulatory framework implications. In 
addition to information from literature, the future plant operator can 
participate in study tours or in a biogas training course. A future 
biogas plant operator should be well aware of the fact, that no AD 
plant is a stand-alone unit but it will require continuous attention. 

The planning of the plant should be as detailed as possible and 
sufficient time should be allowed before taking decisions. The 
situation of the farm business should be analysed in detail and the 
future biogas plant operator should have information about the 
available technical systems on the market and about the different 
configurations of the installations. Conversation with several providers 
should take place. Available substrates should be determined as 
precisely as possible because they are the basis for the further 
planning process, including the necessary approval procedure and the 
offers from biogas plant suppliers. A detailed feasibility study is 
favourable prior to taking decisions. Analysis of the available 
substrates such as chemical analysis and determination of the potential 
biogas yield provide a better planning basis. 

The potential future biogas plant operator should try to gain 
detailed knowledge about the biogas process and the technology, in 
order to be able to make a sustainable decision if a biogas plant fits 
into the farm concept and if yes, which technology will be best suited. 
Depending on the country, companies with many years of experience 
and a significant number of reference projects offer AD concepts 
which have proven to be reliable. As there is constant development in 
the AD sector, new concepts might also be worth to be considered – 
but they include higher risks. It is generally beneficial to decide in 
favour of technologies from companies which provide support and 
process guarantees. The percentage of operating time of the CHP unit 
is crucial. [4] assessed that full support from the technology provider 
raises the generator running time from an industry average of 65% to 
over 90%. 

Co-digestion of wastes could make a useful contribution to 
operation of on-farm AD plants e.g. in the UK, while at the same time 
this contributes to sustainability by returning the digestate back to land 
as part of the nutrient cycle [4]. An agricultural plant operator needs to 
decide if he/she is willing to take in wastes to the farm. Co-digestion 
of food waste will bring the plant under different legal frameworks, 
e.g. in the EU under ABP (Animal By-Product) regulations, which 
require pasteurisation of the materials. Treatment of wastes therefore 
needs extra equipment. Besides higher investment costs (mainly due to 
necessary hygienisation technology), co-digestion also requires more 
regular analysis of the AD process. All incoming wastes need to be 
controlled. However, co-digestion of wastes can be beneficial due to 
two revenue streams: increased gas yield and gate fees. Gate fees will 
vary according to waste type and local or regional outlets. Long-term 
contracts for taking in waste materials are favourable. 
B. Integration into Existing Infrastructure 

Wherever possible, existing infrastructure should be used. This 
might be storage for substrates or digestate, existing roads, transport 
equipment, facilities for spreading digestate etc. Demand for heat on 
site or e.g. by nearby villages or facilities should be evaluated and 

considered as promising option to further increase economic viability. 
Transport of gas to sites with heat demand via micro gas grids might 
be a particularly favourable option compared to supply of heat [5] [6]. 

When looking on-farm, most AD plants will use slurry or manure 
as one substrate. When barn systems are newly established, some 
aspects relevant for biogas production should already be taken into 
account. The use of flush systems to remove the manure from dairy 
barns can have economic advantages within the dairy unit and is less 
labour-intensive than other systems. In addition, flush systems remove 
practically all of the manure, while water-free systems do not clean the 
barns as efficiently. However, dilution of manure with water will 
require significantly larger and therefore more expensive AD 
facilities. Dilution can also increase the stratification risk within the 
digester, with straw or other lignocellulosic material forming a thick 
mat on top, while sand accumulates at the bottom [3]. Scrape systems 
are more favourable. They collect the manure by scraping it to a sump 
without changing its consistency. 

Slurry should be fed directly into the digester. The common 
storage place under the barn is therefore unsuitable as a pre-storage 
space, and for after-storage as well as degassing can continue after 
digestion (harm to animals). A weeping wall or other solid phase 
separation process is also not necessary. Any gravity separator will 
remove an amount of degradable organic material that could be 
converted into biogas. In addition, the separation process alters the 
carbon to nitrogen ratio of the streams. While a significant proportion 
of the organic carbon is retained with the solids, an equal percentage 
of the nitrogen and phosphorus is not. Up to 80% of the COD and 
30% of the total nitrogen and phosphorus can be found in the solids 
removed by a screen and sedimentation process [3]. 

If possible and economically feasible, the farm management 
should strive to use within the barns litter material favourable in the 
digestion process. Woody material does not generate significant 
amounts of biogas. Straw is more favourable than wood shavings or 
sawdust. Straw should be chopped prior to using it as litter material in 
the stable. Sand will clog pipes, damage equipment and fill the 
digestion tank. Slurry retains sand that precipitates in the digester 
when organics are degraded and the solids concentration is reduced. If 
the presence of sand cannot be avoided, equipment for sand removal 
needs to be foreseen in the AD concept, which increases the necessary 
investment costs. With sand accumulating at the bottom of a 
fermenter, the effective digester volume will continuously be reduced, 
which can have negative effects on process stability. 
C. Assessment of Economic Viability 

A detailed assessment of economic viability of the planned 
bioenergy facility is essential. The assessment should be carried out by 
a specialist who’s calculations will be accepted by the bank or investor 
– prior contact to the financier is suitable, or decision in favour of a 
registered specialist (in case registration schemes are available in the 
country).  

When contacting biogas plant suppliers, the future operator will 
often receive a preliminary assessment of economic viability of the 
planned plant. In most cases this should be regarded as too little 
detailed, and will not contain all relevant cost factors (such as 
necessary infrastructure, connection to the grid, storage, earth works). 
While offers of some companies might cover full costs and might also 
indicate necessary earth works etc., other companies include costs for 
the actual plant components only. When comparing different offers, it 
needs to be ensured that all relevant cost elements are included in the 
final prices. In cases where relevant cost elements are not included in 
one offer, those additional costs need to be added for comparisons and 
final assessment. 

The two major costs associated with a biogas plant are the initial 
investment costs (set-up of biogas plant, including planning costs, 
costs for approval, grid connection, etc.) and the ongoing costs 
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(substrate costs, maintenance, insurance, labour costs, spreading of 
digestate, etc.). On the income side, revenues from four sources at the 
anaerobic digestion facility are relevant: sales of electricity, utilisation 
of excess heat from the CHP unit, fertiliser value of the digestate, and 
gate fees for the treatment of wastes (if any). Economic viability of 
AD plants depends on several factors, including: 

• scale (capacity) of the biogas plant
• amount and continuity of available slurry and manure,

housed time of breeding stock
• availability of energy crops and their specific costs
• production of waste on site
• policies and regulations when treating other wastes
• favourable approval conditions which can be fulfilled at

reasonable costs
• gate fee which is charged or paid for waste
• value of bio-fertiliser
• the market value of generated electricity
• possibility of on site heat use, and income from heat
• reasonable investment and building costs

• already available equipment or buildings that can be
integrated in the biogas concept

• availability of grants
Required minimum digestate storage capacity needs to be 

considered as cost factor. Careful assessment of available substrates 
with their potential biogas yields is among the most relevant factors 
when evaluating economic viability of a project. Energy crops might 
be attractive in order to underpin biogas generation from other 
substrates, but it needs to be taken into account that they require 
additional investment in feedstock storage, which reduces the possible 
benefit.  

Aside of annual business profit or loss, the payback period is the 
most relevant economic decision factor (Fig. 3). A detailed economic 
assessment and profitability projection should include a sensitivity 
analysis to highlight the most influential factors and the degree of 
uncertainty. Suitable parameters for the sensitivity analysis are: 
efficiency of CHP unit, gas production, investment costs, revenue 
from electricity. 

1 2 3 4 5 6-1 6-2 7 8
Revenue 87,318 632,362 300,069 140,878 255,989 322,840 667,341 73,912 1,262,383
Ongoing costs without write-off -101,922 -472,767 -254,230 -122,508 -128,548 -181,168 -507,384 -88,470 -878,029
Total costs including write-off -149,023 -595,865 -339,287 -168,139 -205,080 -260,847 -644,026 -132,914 -1,167,768
Business Profit/ Losses -61,706 36,497 -39,218 -27,262 50,909 61,993 23,314 -59,002 94,615

-1,250,000 EUR/a

-1,000,000 EUR/a

-750,000 EUR/a

-500,000 EUR/a

-250,000 EUR/a

0 EUR/a

250,000 EUR/a

500,000 EUR/a

750,000 EUR/a

1,000,000 EUR/a

1,250,000 EUR/aRevenue

Ongoing
costs
without
write-off
Total costs
including
write-off

Business
Profit/
Losses Scenario

payback period (years)        neg.   10.7      26.0     32.0     8.1   7.7      12.3    neg.    10.3
installed capacity (kW el.)           75      499       190      104        250    250    499      75        861
total investment (EUR)          633,652      1,705,106     1,191,469     587,568     1,027,653    1,095,738     1,964,650    580,611    3,946,295
of this: energy crop storage (%)      11.4      25.1      15.3    3.0    0.0     0.0       21.5       0.0     0.0 

(EUR/a)

(EUR/a)

Figure 4.  Example of key data resulting from calculation of economic viability for different options (adapted based on [1]) 
D. Regulatory Framework and Approval 

The future biogas plant operator should be aware of the relevant 
regulatory regulations and the necessary licences. It is important to 
contact the Local Authority Planning Department at an early stage and 
involve them in the selection of the location, types and amounts of 
substrates and wastes involved, transport movements, and details of 
the process. The Local Authority will assess the application and might 
carry out a consultation with local stakeholders. Good cooperation 
with the Local Authority will facilitate the approval procedure. 

Concerning connection to the electricity grid, the regulations vary 
for different countries. Contact with the relevant authorities in the 
early development stages of a renewable energy generation project is 
extremely important to ensure that the desired connection date can be 
met. Decision can easily take several months. Feasibility studies might 
be carried out, and grid reinforcement might be found to be necessary. 
For connection to the grid, especially in cases where feasibility studies 
are carried out to assess the suitability of the grid, a higher capacity 
should be applied for during the planning phase than the actual 
calculated capacity of the installations. If the anticipated capacity of 
the AD facility increases during the project planning phase or later 

during the completion phase, e.g. due to inaccuracies in the first 
assessments, due to more substrates being available after changes in 
the farm management, due to additional substrates being available at 
neighbouring farms or due to the decision to take in wastes, it will be 
more favourable if the higher capacity is still covered by the feasibility 
study and any reinforcement of the grid. Otherwise the procedure 
process would need to be restarted which will cause additional costs 
and delays. 

For small farm-scale biogas plants, it seems reasonable to apply 
for a capacity which is at least 25% higher than the anticipated power 
output of the facility. In case of high uncertainties it might be suitable 
to apply even for a higher capacity. There might be some additional 
costs in this procedure, as the feasibility study might be more 
expensive and also the necessary grid reinforcement might be higher. 
However, there will be no technical problems to connect a facility 
when the actual capacity is smaller than the planned one. But if the 
actual capacity exceeds the planning figure the connection might be 
refused and it will be re-assessed if additional reinforcement of the 
grid is necessary. All expenses so far still need to be settled and the 
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restarted connection process will result in additional costs. The delay 
might be even more significant. 

The better the potential biogas substrates and their methane yields 
can be assessed during the planning phase the better is the 
dimensioning of the AD plant and all accompanying elements, 
including the connection to the grid. 

IV. SUCCESSFUL OPERATION OF THE BIOENERGY FACILITY
In order to operate a biogas plant safely and highly efficient, every 

plant operator must have detailed knowledge about the biogas process. 
This helps to avoid "feeding errors" and to correctly interpret 
measurement data. To monitor the process, control of pH values and 
digester temperature is imperative but it might not be enough. 
Digestion of co-substrates in general requires more attention and 
additional analytical routines, while AD processes run on manure and 
slurry are more robust and less susceptible to failure. 

Contact to other plant operators and exchange of knowledge are 
beneficial. “AD neighbourhoods” with regular meetings and provision 
of support when necessary strengthen the individual site and facilitate 
dealing with any problems.  

An AD plant is a long-term investment. It needs to generate 
revenue over many years. While keeping the running costs as low as 
possible, the biogas plant operator should concentrate on maintaining 
high process stability and high gas production. Fewer gas generation 
and lower efficiency of the CHP unit can significantly reduce business 
profit. The AD plant needs attention and labour on a regular basis. 
Any failure or inhibition of the biological process or a temporary 
break-down of the CHP unit will result in reduced revenue. 

As a rule of thumb goes that the necessary annual labour is 
between 4 to 5 hours per installed kW. This is the necessary labour for 
the actual plant operation, and does not include activities such as 
production of energy crops or spreading of digestate. The higher the 
complexity degree of the plant the more labour is necessary. Some 
automation is possible at larger plants, but no biogas plant can run 
fully automated. Slurry based plants require the lowest amount of 
effort and labour. Handling of different types of materials requires 
more time.  

The operator must also be aware of the fact that in case of illness 
another well-informed person must be able to ensure at least the basic 
regular biogas plant operation. 

The technical equipment needs maintenance. Regular maintenance 
especially of the engine should be carried out. Major biogas plant 
maintenance should preferably be carried out by avoiding the winter 
period. The winter months offer a higher heat utilisation potential. 
Moreover, in general more slurry is available for treatment during this 
time. 

It is more favourable to allow labour time on a routine basis than 
to be obliged to deal with problems. The biogas plant operator should 
be constantly aware that problems with both the technical equipment 
and the biological process can occur. Process imbalances not only 

reduce energy generation but also require extra attention and extra 
labour time.  

In order to avoid process failure, the process stability should be 
monitored and the plant performance should be regularly assessed. 
On-site analyses or external laboratory analyses may seem expensive, 
but are an important element in achieving and maintaining a high plant 
performance. AD processes run on slurry/ manure basis in general 
show high process stability and very low risk of process imbalance 
due to the buffering characteristics of the substrates. Shortage or lack 
in slurry results in digestion processes which are more susceptible to 
biological imbalance and hence require more attention and regular 
analysis. 

V. CONCLUSIONS 
Successful decentralized bioenergy generation – as studied in this 

presentation based on the anaerobic digestion technology – holds 
significant potential to contribute towards a more sustainable national 
energy concept. At the same time, digestion of slurry, manure and 
organic wastes, and where possible co-digestion of energy crops such 
as grass, maize, whole crop silage, can become a source of additional 
income for farmers. In addition, anaerobic digestion improves the 
fertiliser value of the processed substrates and significantly reduces 
odour emissions.  

Careful decision makings in the planning phase with a detailed 
economic assessment based on a careful assessment of available 
substrates, suitable technology including possible reduction of 
complexity in order to reduce investment costs but without putting 
reliability at risk, and integration of the facility into the whole 
management at a specific site are among the main success criteria.  

There is widespread consensus that decentralized bioenergy 
facilities have the potential to strengthen rural areas and at the same 
time offer opportunities for a specialized industry. Advice and 
assessment by independent experts is especially suitable during the 
planning phase. 
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ANALYSIS OF THE APPLICATION OF THERMAL ENERGY OF EXHAUST GASES 
ESCAPING FROM TRANSPORTATION AND POWER INSTALLATIONS 
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AkakiTsereteli state University, Kutaisi, Georgia 

Abstract: In order to convert thermal energy of exhaust gases from vehicles into some useful work it is necessary to study the complex 
heat transfer process between exhaust gas and coolant. Three sections can be considered here. The first one – from the coolant’s outlet until the 
beginning of its boiling point; the second one – the boiling section; and at the third one – there is occuring the coolant’s temperature rise at the 
account of heat generated by exhaust gas. The results of theoretical investigations carried out enable us to analyze the effect of heat-exchanger 
parameters variation on the heat flow quantity.    

KEYWORDS: TRANSPORTATION AND POWER INSTALLATIONS; AIR-CONDITIONING; EXHAUSTS; EVAPORATOR 

1. Introduction

Thermal energy of exhaust gases of vehicles, which they 
generate after passing through the exhaust valve, ischaracterized by 
high amount of heat and operating capacity, which can be 
implemented through the performance of work or by spending of 
heat. This requires converting of a certain quantity of thermal 
energy escaping from the exhaust gases into the useful work, and 
using of this energy for efficient operation of vehicle’s interior 
heating and air-conditioning system. In this respect, we have to 
carry out theoretical investigations of heat transfer process by 
taking into account all those factors, which considerably impact on 
the complex heat transfer process between exhaust gas and coolant, 
or on the heat transfer from the hot to cold heat conductor occuring 
in heat exchanger (Fig. 1), [2].    

2. Preconditions and means for resolving the problem

Fig.1. Computational Scheme of Heat Tranfer Occurring in
Heat Exchanger  

In accordance with heat transfer processes that take place in 
heat exchanger, it is possible to emphasize three sections. The first one 
is beginning at the inlet of collant and ended where the coollant begins 
to boil. At this section, the coolant’s temperature is increasing from 𝑇𝑇𝑥𝑥′  
until  𝑇𝑇𝑥𝑥′  , and heat escaping from gas is spent for increasing the 
coolant’s temperature, and the following equation takes place:  

𝐺𝐺𝑚𝑚𝐶𝐶𝑝𝑝
𝜕𝜕𝑇𝑇𝑚𝑚
𝜕𝜕𝑥𝑥 = 𝐺𝐺𝑥𝑥𝐶𝐶𝑥𝑥

𝜕𝜕𝑇𝑇𝑥𝑥
𝜕𝜕𝑥𝑥

where,  Gm–spendings of combustion products per second, 
which are outgoing from the engine’s valve (kg/sec) - represent the 
time-varying function;   

    Cp- combustion products heat capacity (j/kg0K); 

        Tx –coolant’s temperature in 0K-time is the time-
varying function;  

        Tm- coolant’s temperature in 0K-time is the time-
varying function; 

      Gx- spendings of coolant per second(kg/sec) - represent 
the time-varying function 

The second section is characterized by boiling and the following 
ratio is typical of tis section: 

Gm Cp
∂Tm

∂x = GxCx
r
L′  

where, r- is a specific heat of coolant evaporation in accordance 
with  PH, THparameters (j/kg); 

      L′- boiling section’s length (m). 
The third section is characterized by an increase in coolant’s steam 
temperature from  TH until𝑇𝑇𝑥𝑥″ . The differential equation of the energy 
balance on this section has the following expression: 

𝐺𝐺𝑚𝑚𝐶𝐶𝑝𝑝(Tm
′ − Tm

″ ) = 𝐺𝐺𝑥𝑥[𝐶𝐶𝑥𝑥(𝑇𝑇𝐻𝐻 − 𝑇𝑇𝑥𝑥′) + 𝑟𝑟 + 𝐶𝐶𝑥𝑥′ (Tx
″ − 𝑇𝑇𝐻𝐻)] 

where,Tm
′ andTm

″  - of combustion products at the inlet and outlet 
of the tube 0K; 

    TH–boiling temperature of coolant 0K; 
          Tx

′ , Tx
″  - temperatures of coolant  at the inlet and outlet 

of heat exchanger; 
𝐶𝐶𝑥𝑥′   - heat capacity of water and ammonia steam j/kg(0K). 
First of all, in order to calculate the process parameters we 

determine the heat conductivity coefficients. For this purpose, it is 
necessary to calculate [1]:  

a) Combustion products density
ρm = Pm

RTm
kg/m3 

b) Combustion products instantaneous velocity
Wm = 4Gm

πd2∙ρm
m/sec  . 

c) Reynolds number for combustion products flow in the tube

Re =
Wm d
γm

where,  γm- combustion products kinematic viscosity (m2/sec). 
d) Nusselt number
Νu = 0,023Re

0,8 ∙ Pr
0,43if Re=23,403 ÷104 

Νu = 0,023Re
0,8 ∙ Pr

0,43if Re=104 ÷5·106 
where,  Рr–combustion products Prandtl number 
e) Heat-transfer coefficient on the internal surface of tube is

calculated in following way

𝛼𝛼1 =
𝑁𝑁𝑢𝑢 ∙ 𝜆𝜆𝑚𝑚
𝑑𝑑

L 

Gm 

Tx
″  Gx 𝑇𝑇𝑥𝑥′  

Tm
′  

d D 
Tm
″  

Tx PH 

Pm 
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where,  λm–is a coefficient of heat conductivity of combustion 
products W/m0K.  

Since the coolant’s spendings and velocity in heat exchanger are 
knot known, we have to set and then verify theheat-transfer coefficient 
at the external surface of tub. At the first stage, it is possible to derive  
α2 ≈ α1, and then the heat-transfer coefficient is determined by the 
following formula: 

𝐾𝐾 =
1

1
α1

+ δ
λ

+ 1
α2

 

 
Combustion products temperature at the outlet from the tube  
 

   𝑇𝑇𝑚𝑚″ = 𝑇𝑇𝐻𝐻 + (𝑇𝑇𝑚𝑚′ + 𝑇𝑇𝐻𝐻)𝑒𝑒𝑥𝑥𝑝𝑝 �−2𝜋𝜋𝑝𝑝𝐾𝐾𝑑𝑑𝜋𝜋
𝐶𝐶𝑚𝑚𝐶𝐶𝑝𝑝

�(0K.) ; 

 
Heat exchanger heat capacity  
 

𝑁𝑁𝑇𝑇 = 𝐺𝐺𝑚𝑚𝐶𝐶𝑝𝑝(𝑇𝑇𝑚𝑚′ − 𝑇𝑇𝑚𝑚″ )  (W) . 
 

Coolant’s spendings per second at the outlet of heat exchanger  
𝐺𝐺𝑥𝑥 = 𝑁𝑁𝑇𝑇

𝐶𝐶𝑥𝑥(𝑇𝑇𝐻𝐻−𝑇𝑇𝑥𝑥′ )+𝑟𝑟+𝐶𝐶𝑥𝑥′ (𝑇𝑇𝑥𝑥″ −𝑇𝑇𝐻𝐻)kg/sec. 

Thus and so, for each instantaneous quantity of Gm and Tm, we 
determine the coolant’s spendings at the outlet, and the average 
spendings of approximately one cycle will be 

𝐺𝐺𝑥𝑥��� =
1
𝑇𝑇𝑒𝑒
� 𝐺𝐺𝑥𝑥𝑑𝑑𝑇𝑇

𝑇𝑇𝑒𝑒

0

 

Just after we have determined the average spending of coolant, 
we can determine theheat-transfer coefficientd2in the following 
succession:  

 
𝑊𝑊𝑥𝑥 = 4𝐺𝐺𝑥𝑥

𝜋𝜋(𝐷𝐷2−𝑑𝑑2)𝜌𝜌𝑥𝑥
m/sec 

where, D –is heat-exchanger’s internal diameter, (m);  
             d- diameter of outlet tube of the engine, (m);  
𝜌𝜌𝑥𝑥–coolant density, (kg/m3).  
Reynolds number 

𝑅𝑅𝑒𝑒𝑥𝑥 =
𝑊𝑊𝑥𝑥(𝐷𝐷 − 𝑑𝑑)

𝛾𝛾𝑥𝑥
 

where, γx–coolant’s kinematic viscosity, (m3/sec). 
Nusselt number 
Nu = 0,08Rex

0,9 ∙ Prx
0,4, if Rex=2,3 ·103÷104 

Nu = 0,023Rex
0,8 ∙ Prx

0,43 , if Rex=104÷5 ·106 
 
Heat-transfer coefficient α2 
 

𝛼𝛼2 =
𝑁𝑁𝑢𝑢 ∙ λx

𝐷𝐷 − 𝑑𝑑  

 
where,λx–coolant’s heat conductivity coefficient (W/m0K);Prx - 

Prandtl number for coolant.  
After this, we will calculate heat flow repeatedly taking into 

account the verified quantity of   α2.  

 
3. Conclusion 

After theoretical calculation of heat-transfer process, there are 
determined the parameters of heating and air-conditioning system of the 
vehicle’s interior.  

The results of theoretical investigations carried out enable us to 
analyze the effect of heat-exchanger parameters variation on the heat 
flow quantity, which are required for the effective operation of heating 
and air-conditioning system of vehicle’s interior.  
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ВЛИЯНИЕ НА ГОРИВНА СИСТЕМА С БРАУНОВ ГАЗ ВЪРХУ НЯКОЙ 
ПАРАМЕТРИ НА АВТОМОБИЛ С БЕНЗИНОВ ДВИГАТЕЛ 

IMPACT OF FUEL SYSTEM WITH BROWNIAN GAS ON CERTAIN VEHICLE PARAMETERS 
WITH PETROL ENGINE 

Доц. д-р инж. Петров И. П.1, Гл. ас. инж. Пискулев П. М.2, Гл. ас. инж. Димитров Г. И.3 
Висше транспортно училище „Тодор Каблешков”, България

Abstract: The report presents the results of an experimental study of the Brownian gas generator (HHO generator) developed and 
installed in a Peugeot 206. Examined the values of emissions when the engine by adding Brownian gas. On some nodes in the vehicle engine 
were performed temperature measurements using an infrared thermal camera. The measurement results are displayed in tabular and 
graphical form. 

Keywords: GENERATOR OF BROWNIAN GAS (HHO GENERATOR), HHO GENERATOR FOR CAR, ENERGY AND 
ENVIRONMENTAL EFFECTS 

1. Увод
През последните години усилията на конструкторите в 

автомобилостроенето са насочени към създаването на все по-
икономични двигатели с вътрешно горене /ДВГ/, както и 
разработването на иновативни хибридни технологии и 
електрически автомобили.  

В европейски мащаб и най-вече в новоприетите държави в 
Европейския съюз все още широко се използват автомобили 
произведени преди повече от 10 години. Основният проблем 
при тези возила е, че те имат влошени екологични показатели и 
повишен разход на гориво. В настоящия доклад е разгледан 
един начин за подобряване на енергийните и екологични 
показатели при автомобили със значителен пробег.     

2. Предпоставки за разработване на
горивната система 

Поради икономическата обстановка у нас през последните 
10 години, масово стана използването на автомобили „втора 
употреба”, със значителен пробег, влошени екологични 
показатели и повишен разход на гориво. Наред с това при 
голяма част от тях са отстранени катализаторите поради 
високата им цена за подмяна Съгласно европейските 
изисквания за емисии [1] леките автомобили трябва да 

отговарят на Евро 5. Това е трудно осъществимо с настоящите 
автомобили произведени преди 2000 година. 

Генератора на Браунов газ (нарича се още HHO газ [2]) се 
използва за добиване на газ, ускоряващ процеса на изгаряне на 
гориво-въздушната смес в цилиндрите на двигателя. 
Добавянето на HHO газ в гориво въздушната смес има 
незабавен ефект за повишаване на октановото число на 
горивото. Получения ефект от по-доброто изгаряне е 
повишаване на мощността на двигателя и икономия на гориво. 
Друг полезен ефект е по отношение на опазването на околната 
среда и изхвърлянето на по-малко количество вредни емисии. 
При изгаряне на Брауновия газ в цилиндрите на двигателя се 
образува прегрята пара, която почиства буталата и клапаните 
от нагар, увеличава топлообмена между клапана и леглото на 
клапана и по този начин значително увеличава живота на 
двигателя. Подобреното изгаряне на гориво въздушната смес, 
довежда и до повишен пробег между две смени на маслото, 
(намалява се отделянето на сажди и твърди частици при 
горенето) [3]. 

На фиг. 1 е показана схема показана схемата на свързване 
на генератор на Браунов газ към двигател с вътрешно горене, 
работещ с основно гориво бензин. 

Фиг. 1. Схема на свързване на генератор на Браунов газ към горивната система на бензинов двигател.
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3. Резултати от проведените изследвания
Горивната система на Браунов газ е монтирана на тестов 

автомобил марка Пежо 206. Техническите характеристики на 
тестовия автомобил са показани в таблица 1. 

Таблица 1: Технически параметри на тестовия автомобил 

ТЕХНИЧЕСКИ ПАРАМЕТРИ НА ПЕЖО 206 
Вид двигател Бензин 
Брой цилиндри 4 
Работен обем на двигателя 1124 cm3 
Задвижвания на колелата предно 
Мощност, kW 45 kW 
Въртящ момент, Nm 91 Nm при 2600 min-1 
Ускорение (0-100 km/h) 17.8 s 
Максимална скорост 160 km/h 
Разход на гориво, l/100 km 

- Градски цикъл 9.7 l/100 km 
- Извънградски цикъл 7.5 l/100 km 
- Смесен цикъл 8.7 l/100 km 

Емисия на CO2 148 g/km 
Обща маса, kg 1485 kg 
Обем на резервоара, l 50 l 
Изминат пробег, km 150 000 km 

` 
Блоковата схемата на монтираната горивна система е 

показана на фиг. 2. Комплекта на HHO горивна система се 
състои от специални електроди, направени от неръждаема 
стомана, с предварителна електрохимична обработка, 
циркулационен резервоар, система за управление (модулатор), 
оптимизатор на гориво-въздушната смес (само за инжекционни 
системи). Принципа на получаване на газа е чрез електролиза 
на водата. Резервоара е предназначен за разделяне на 
получения газ от водата, а също така и за снабдяване на 
газогенератора с електролит. 

Фиг. 2. Схема на горивната система с Браунов газ. 

Изработеният генератор на Браунов газ със серийни плочи 
е за номинално напрежение 14 VDC, позволяващ постигането 
на по-малко от 2 волта на клетка. Това ограничава тока за 
достигне на по-висока мощност за производство на достатъчно 
газообразно HHO гориво. На фиг. 3 е показана 
характеристиката на изменение на дебита на генераторана 
Браунов газ според консумираната електрическа мощност от 
генератора. Както се вижда от фигурата при работа на HHO 
генератора с мощност около 2000 W, дебита на добивания газ е 
около 10 l/min. При работа с такава мощност обаче генератора 
загрява до висока температура и изисква използване на 
допълнителна система за охлаждането му. 

С цел намаляване прегряването на генератора, при 
проведените изследвания с тестовия автомобил той е настроен 
да работи с мощност 500 W и дебит около 2 l/min. При този 
режим на работа неговата температура е около 30 °С той не се 
нуждае от допълнително охлаждане.   

Фиг. 3. Характеристика на изменение на дебита на генератора на 
Браунов газ според консумираната мощност. 

3.1. Изследване на вредните емисии, отделяни 
от двигателя при работа на бензин и смесено 
гориво (бензин + HHO) 

Изследването на димните газове Измерванията са 
направени в специализирана оторизирана лаборатория 
„Технотест”. Получените резултати от измерванията на 
отделяните от двигателя емисии са показани в таблица 2.  

Таблица 2: Емисии отделяни от тестовия автомобил при работа на 
бензин и смесено гориво 

ВИД ГОРИВО БЕНЗИН БЕНЗИН И 
БРАУНОВ ГАЗ 

Обороти на двигателя, 
1/min 740 780 

CO, % vol 0.86 0.48 

CO2, % vol 14.0 14.2 

HC, ppm vol 175 75 

O2, % vol 0.33 0.23 

Cocor % vol 0.87 0.48 

На фиг. 4 е показана диаграма на изменението на отделяния 
от автомобила въглероден оксид (CO) при различна честота на 
въртене на коляновия вал отделно при работа на бензин и 
смесено гориво. Наблюдава се значително понижение на 
отделяния CO при работа на двигателя със смесено гориво.   

Фиг. 4. Изменение на емисиите въглероден оксид CO, отделяни от 
двигателя  при работа на бензин и смесено гориво. 
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3.2. Изследване температурата на прегряване 
на двигателя и температурата на изходящите 
газове 

От гледна точка нормалната работа на ДВГ е важно да се 
изследва и неговата работна температура при работа с основно 
гориво (бензин) и смесено гориво. За тази цел с използване на 

инфрачервена термовизионна камера FLIR са проведени 
измервания на повърхностната температура на блока на 
двигателя и тази на изходящите газове. 

Графични изображения на резултатите от проведените 
измерванията са показани на фиг. 5. 

  а) Температура на изходящите газове при работа на бензин     б) Температура на изходящите газове при работа на смесено гориво 

   в) Температура на двигателя при работа на бензин  г) Температура на двигателя при работа на смесено гориво 

Фиг. 5.  Резултати от измервания на температурата с инфрачервена термовизионна камера. 

Получените експериментални данни от температурните 
измервания показват, че при работа на двигателя със смесено 
гориво работната му температура и температурата на 
изходящите газове имат тенденция към понижаване, спрямо 
тази при работа на двигателя само на бензин.    

3.3. Експериментално определяне разхода на 
гориво на тестовия автомобил Пежо 206 

За определяне на енергийния ефект от използване на 
генератора на Браунов газ бяха проведени пътувания с 
тестовия автомобил в извънградски условия.  

Получените резултати от тестовия пробег при работа на 
автомобила с бензин са следните: 

В направление към гр. Пазарджик 
- Бензиностанция Лукоил на АМ „Тракия” 1 km (гр. 

София) – АМ „Тракия (отклонение за гр. Пазарджик) 
- Изминато разстояние: 89 km 

В направление към гр. София 
- гр. Пазарджик – Мотел „Черната котка” на АМ „Тракия” 

0 km  
- Изминато разстояние: 90 km 

- Общ пробег: 179км  
- Общ разход на бензин: 12,35 l 
- Пътен разход на бензин за 100 km: 6.9 l/100 km 

Резултатите от тестовия пробег при работа на  автомобила 
със смесено гориво бензин и HHO:  

В направление към гр. Пазарджик 
- Бензиностанция Лукоил на АМ „Тракия” 1 km (гр. 

София) – АМ „Тракия (отклонение за гр. Пазарджик) 
- Изминато разстояние – 89 km 

В направление към гр. София 
- гр. Пазарджик – Мотел „Черната котка” на АМ „Тракия” 

0 km 
- Изминато разстояние – 90 km 
- Общ пробег: 179км  
- Общ разход на бензин: 9,31 l 
- Пътен разход на бензин при добавяне на ННО за 100 km: 

5.2 l/100 km 

Икономията на бензин за извънградски пробег от 179 km е 
3.04 l. 
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4. Заключение
Резултатите от проведените изследвания с тестовия 

автомобил Пежо 206 показват, че с добавянето към горивната 
система на двигателя на генератор на Браунов газ води до 
следните ефекти свързани с работата на автомобила: 

1. Намаляване на разхода на основно гориво (бензин) с
около 10-15%; 

2. Намаляване на емисиите въглероден оксид и
въглеводороди; 

3. Намаляване на работната температура на двигателя и
изходящите газове. 

Към настоящия момент не са проведени тестове, свързани с 
изследване износването на двигателя на тестовия автомобил в 
резултат на използването на HHO газ.  
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THE USE OF VIBRATION SIGNALS AND RBF NEURAL NETWORKS IN 
THE PROCESS OF IDENTIFICATION OF PRESSURE IN INTERNAL COMBUSTION 

ENGINE CYLINDER 
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Abstract: In recent years the number of vehicles using the roads all over the world constantly increases. Continuous progress in the field 
of new technologies causes that they become cheaper and cheaper in the production and at the same time more accessible. In order to 
balance the positive and negative effects of motorisation development, world organisations introduce stricter and stricter regulations 
concerning safety and natural environment protection. Currently, there are many tests in progress on the development of internal 
combustion engines which are all mainly conditioned by ecological aspects. All is aimed at constructions which are the most eco-friendly 
and at the same time which have best technological parameters. In order to maintain proper functioning the presently produced engines are 
steered with a lot of electronic sensors which are installed in the vehicle. At present, failure symptoms found in the signal, are more and 
more often studied with the aid of artificial intelligence methods. The major issue referred to in the literature related to methods of artificial 
intelligence is the method for creating data used in the process of neural network operations. The ability to set up models is the guarantee for 
a successful process using neural networks. The paper presents an attempt of identification of pressure in internal combustion engine 
cylinder by measuring the engine block accelerations based on these, building patterns for radial artificial neural networks (RBF). 

Keywords: DIAGNOSTIC SYSTEM, ENGINE, ARTIFICIAL NEURAL NETWORKS 

 

1. Introduction 
Modern internal combustion engines of cars use integrated 

ignition-injection systems. By choosing the right value of 
the ignition advance angle the criterion of maximum turning 
moment should be taken into account together with simultaneous 
low level of harmful substances emission in car fumes. The value of 
ignition advance angle has direct influence on the run of fuel blend 
peak firing pressure in cylinder. 

Correct process of combustion in ZI engines starts at 
the moment of fuel-air blend ignition. It is initiated with an ignition 
spark which is formed between the electrodes of ignition plug. 
Created flame disperses on the whole charge. The process begins in 
a laminar way and then continues in a turbulent way. The speed of 
flame dispersion is dependent on the type of fuel, its composition, 
temperature and the speed of blend movement.  

During the process three stages can be distinguished: 
- first stage – from the moment the ignition spark appears to 

the moment of pressure increase caused by the reaction of 
oxidation, 

- stage two – from the moment of pressure increase as a result of 
combustion to the moment of the when the maximum pressure 
value in a cylinder occurs, 

- stage three – from the moment of maximum pressure value 
occurrence to the termination of giving off the heat energy. 

First stage includes ignition delay and creation of the area of the 
flame range. Next the process of fuel oxidation may develop 
without the inlet of energy from the outside. The time length of this 
stage depends strictly on the properties of the blend. It is longer 
with the decrease of compression degree and ignition energy. 

In the second stage the heat is created rapidly and in the form of 
a flame spreads all over the combustible blend. The time length of 
this stage depends mainly on:  
- ingredients of the blend,  
- ignition advance angle,  
- degree of compression,  
- geometry of combustion chamber,  
- location of the ignition plug,  
- rotational speed of engine,  
- degree of blend swirl. 

In the third stage, in high temperature, the fuel after-burns in 
combustion chamber. 

Detailed information connected with combustion process in 
internal combustion can be found in [7, 9, 20, 21]. 

Heat which is created as a result of combustion of a part of 
blend led to not burned part may lead to creation of next ignition 
centres. From the created centres the flame may spread with a speed 
much higher than the one in normal conditions (20-40 m/s).  

The effect of this is the occurrence of a disadvantageous 
phenomenon called engine knocking (pinging).  

The reason of such phenomenon is: 
- too high compression degree, 
- too soon ignition of the blend, 
- too low octane number of the fuel, 
- overheating of engine, 
- too small degree of blend swirl in combustion chamber, 
- too big filling of the cylinder. 

Intensity of engine knocking (pinging) depends on: 
- degree of compression, 
- shape of the compression chamber, 
- location of the ignition plug, 
- ignition advance angle, 
- engine load. 

Liability to engine knocking (pinging) increases particularly 
with the increase of engine walls temperature. 

It results from the fact that such process occurs mainly during 
a rapid acceleration of the engine and by big loads of the engine. 
Engine knocking (pinging) causes the increase of dynamic loads of 
crankshaft system. Such loads may eventually lead to a damage of 
bearings. Increased heat exchange between the working gas and 
the walls of the combustion chamber causes the increase of 
temperature of the head, valves and pistons which leads to 
shortening the life of the whole internal combustion engine. 

In order to prevent the engine knocking (pinging) the limitation 
of the ignition advance angle is applied. In order to limit 
the probability of engine knocking occurrence the following 
methods are used: 
- use of fuel with the right octane number, 
- properly chosen compression degree, 
- properly designed shape of combustion chamber. 

In practice two different methods are used to identify 
the process of combustion. First of them assumes the direct 
measurement of the pressure in a cylinder. However, this method is 
expensive and requires changes in the construction of the motor 
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head. Also in this case, a proper shape of the sensor tip is required 
as well as the choice of the location of the sensor and maintenance 
of the geometry of the combustion chamber. The advantage of this 
method is the direct measurement of the pressure which allows for 
easy identification of the combustion process occurring in 
the engine. 

Second method assumes the use of the vibroacoustic effects 
which occur during engine knocking and which are transmitted by 
the engine elements. In this case the vibration signals measured on 
the head or on the engine frame may be used and on their basis 
identify the occurrence of engine knocking. The method in which 
the signals are measured is easier and cheaper here, but requires 
the use of complicated mathematical analyses in order to detect 
engine knocking. Undoubtedly, a huge signal deformation occurs 
here together with influence of other engine parts on the shape of 
the registered signal [1, 3, 4, 12].  

Example courses of pressure in cylinder in case of 
nondetonational burning and knocking burning are showed at 
the picture 1 and 2. 

 

 
Fig. 1 Course of pressure in cylinder in case of nondetonational burning 

 

 
Fig. 2 1 Course of pressure in cylinder in case of knocking burning. 

 

The description of the notions connected with identification of 
engine knocking in internal combustion engines can be found in [7, 
9, 21] 

2. Description of the conducted tests 
In the experiment it was attempted to initial determine 

the course of pressure in the combustion process on the basis of 
registered vibration signal. 

The object of test was a 4-cylinder internal combustion engine 
ZI (installed in a vehicle) with capacity of 1.6 dm3 fueled with LPG 
gas and petrol. 

Tests were conducted in engine test bench type FLA 203 by 
Bosch company, which made testing of vehicles with single axle 
drive possible. 

During tests the following aspects were registered: 
- signal of vibration acceleration in parallel direction to 

the cylinder axis, 

- signal of vibration acceleration in perpendicular direction to 
cylinder axis, 

- signal of combustion pressure, 
- signal of the crankshaft rotation angle with marker of upper dead 

centre of piston position. 

Vibration signals were registered with the use of piezoelectric 
sensors placed on the frame in the area of the fourth cylinder. 

Signal of combustion pressure was measured on the fourth 
cylinder. To perform this a piezoelectric quartz pressure sensor type 
6121 was used with charge amplifier type 5011 by Kisler company. 
Applied converter enables the measurements in particularly difficult 
conditions which are to be found in combustion chamber. It has 
measurement range from 0-25 MPa and may work in temperature 
range from -50 do +350oC without the need of additional cooling 
application. 

Signals were registered with the use of multi-channel measuring 
device which enabled synchronous sampling with high frequency. 
The device cooperated with an application created in LabView 
environment. 

Tests were conducted for rotation speed of engine which 
equaled: 
- 1500 rotations/minute, 
- 2000 rotations/minute, 
- 2500 rotations/minute, 
- 3000 rotations/minute, 
- 3500 rotations/minute, 
- 4000 rotations/minute. 

Additionally for idle run registered vibration signals for engine 
working speed 800 rotations/minute and 4000 rotations/minute. 

Measure cycle was repeated twice when an engine was on 
conventional petrol – petrol (Pb), and alternative fuel – LPG gas. 

Registered vibration signals undergone decomposition process 
with the use of discrete wavelet transform. Tests were conducted for 
ten levels of decomposition. 

Wavelet analysis consists of signal decomposition and 
presenting it in the form of linear combination of basic functions, 
called wavelets. The feature which distinguishes this method of 
signal analysis from other methods is the multi-stage signal 
decomposition, variable resolution in time and frequency domain 
and possibility to use basic functions other than harmonic functions 
[10-12, 15].  

Discrete Wavelet Transform of the signal x(t) is marked as 
scalar products x(t) and sequence of basic functions ψ(t): 

( )dttxtDWT ∫
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∞−

⋅= )(ψ  

As a result of multi-level signal decomposition, the signal 
approximation is achieved on given level ak and a detail sum on 
next levels dl: 
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where: 
dl –  detail of signal, high-frequency signal element, 
ak – signal approximation, low-frequency signal representation. 

 

Together with the increase of signal decomposition level 
the participation of details decreases, which causes that with 
the decrease of resolution, the contents of details in signal 
approximation decrease. 

Discrete Wavelet Transform gives an opportunity of 
decomposition and selective reconstruction (synthesis) of the signal 
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in the whole range of the analysis. It can be equalled to signal 
filtration with constant relative bandwidth [10-12, 15]. 

The tests assumed that the signal of combustion pressure will be 
determined with the use of signals achieved from vibration signals 
decomposition on ten levels. However, due to the fact that the tests 
registered combustion pressure only for one cylinder the attempt of 
combustion process identification was performed only in a chosen 
range of the crankshaft angle corresponding with the occurrence of 
the combustion process in a given cylinder. 

The tests assumed to use the neural networks taught on data 
coming from vibration signals to determine the combustion 
pressure. Therefore, the registered signals were properly processed 
with the use of normalization and scaling processes [2, 10, 14, 17, 
18, 23]. 

Example vibration signal which was decomposed with the use 
of discrete wavelet transform is shown in fig. 3. 

 

 

 

 

 

 

 

 

 
Fig. 3 Vibration signal decomposed with the use of discrete wavelet transform. 
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Signal values achieved for ten decomposition levels were the 
input data for neural networks (radial basis function) [2, 10, 14, 17, 
18, 23]. The values of combustion pressure were expected to be 
achieved on the network output. 

While using such network type, proper smoothening coefficient 
γ should be selected. It represents the radial deviation of Gauss 
functions and is a measure of the range of neurons in the hidden 
layer. This value, when too low, causes the loss of knowledge 
generalizing property by the network, and, if too high, prevents the 
correct description of details. Similarly to the radial networks, the 
value of γ coefficient is determined experimentally [14, 18]. In the 
experiments the performance of the network for 86 various values 
of γ coefficient were checked. 

3. Results of the tests 
Experiments were conducted for vibration signals measured in 

parallel and perpendicular direction to cylinder axis and for 52 basic 
wavelets. Influence of basic wavelet choice on the correctness of 
combustion pressure value determination for the signal measured in 
parallel direction (ax) and perpendicular direction (ay) to 
the cylinder axis are shown in fig. 4 and 5. 

 

 
Fig. 4 Influence of basic wavelet on the correctness of the combustion 
pressure value for vibration signal measured in direction parallel to 
cylinder axis (Pb, 2000 rotations/min). 

 

 
Fig. 5 Influence of basic wavelet on the correctness of the combustion 
pressure value for vibration signal measured in direction perpendicular to 
cylinder axis (Pb, 2000 rotations/min). 

 

Made experiments showed strong dependence value 
identification correctness of burning pressure on factor γ selection 
for neural network type RBF (Fig. 6). 

Analyzing the γ factor influence on error value, noted that for 
majority of examined variants in which identified burning pressure 
using one speed (between 8), one kind of petrol (between 2) and 

one way of signal registration (between 2) and one way of signal 
registration (ax or ay), for another wavelets noted similar character 
of changes. 
 

 

Fig. 6 Example of influence of coefficient γ on testing error. 

 
The best results reached for the next examined variants was: 

 
- 0,21%  – Pb, 1500 rotations/min, ax, 
- 0,29% – Pb, 2000 rotations/min, ax, 
- 0,38% – Pb, 2500 rotations/min, ax, 
- 0,49% – Pb, 3000 rotations/min, ax, 
- 0,74% – Pb, 3500 rotations/min, ax, 
- 0,62% – Pb, 4000 rotations/min, ax, 
- 0,26% – Pb, 800 rotations/min, idle run, ax, 
- 0,54% – Pb, 4000 rotations/min, idle run, ax, 
 
- 0,21% – LPG, 1500 rotations/min, ax, 
- 0,29% – LPG, 2000 rotations/min, ax, 
- 0,41% – LPG, 2500 rotations/min, ax, 
- 0,46% – LPG, 3000 rotations/min, ax, 
- 0,67% – LPG, 3500 rotations/min, ax, 
- 0,61% – LPG, 4000 rotations/min, ax, 
- 0,24% – LPG, 800 rotations/min, idle run, ax, 
- 0,60% – LPG, 4000 rotations/min, idle run, ax, 
 
- 0,21% – Pb, 1500 rotations/min, ay, 
- 0,29% – Pb, 2000 rotations/min, ay, 
- 0,38% – Pb, 2500 rotations/min, ay, 
- 0,50% – Pb, 3000 rotations/min, ay, 
- 0,74% – Pb, 3500 rotations/min, ay, 
- 0,62% – Pb, 4000 rotations/min, ay, 
- 0,27% – Pb, 800 rotations/min, idle run, ay, 
- 0,54% – Pb, 4000 rotations/min, idle run, ay, 
 
- 0,22% – LPG, 1500 rotations/min, ay, 
- 0,28% – LPG, 2000 rotations/min, ay, 
- 0,41% – LPG, 2500 rotations/min, ay, 
- 0,46% – LPG, 3000 rotations/min, ay, 
- 0,67% – LPG, 3500 rotations/min, ay, 
- 0,61% – LPG, 4000 rotations/min, ay, 
- 0,23% – LPG, 800 rotations/min, idle run, ay, 
- 0,60% – LPG, 4000 rotations/min, idle run, ay. 

 
Analyzing received results it can be said that the biggest 

influence on received minimum error values of engine speed had 
the engine speed during which tried to identify the burning process. 
The highest speed the worst results was received. The reason for 
this can be decreasing number of registered signal test samples for 
engine courses with increasing speed with founded constant 
frequency of signal sampling. From received results we cannot see 
the significant influence of used petrol, and direction of signal 
registration on minimum error values. 
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5. Conclusion 
The vehicles of today are full of most modern systems which 

serve to increase safety and comfort and reduce the negative impact 
on the environment. At the same time the works are continued on 
further development of such technologies which can be noticed in 
various scientific papers [2-4, 11-13, 15, 16, 24]. Development of 
branches connected with most modern technologies does not limit 
the conduction of basic research works which lead to similar 
measurable effects such as, for example, increase of safety by 
increase of the durability of the power transmission system 
elements [5, 6, 8, 19, 22]. 

The article presents results which aimed at determination of 
combustion pressure in cylinder of internal combustion engine with 
the use of neural networks which were taught on data coming from 
measured vibration signals. Results achieved in the experiment are 
on satisfactory level and are the basis to continue further 
experiments. 

Conducted experiments have shown a huge dependence of 
correct identification of combustion pressure on the choice of 
the coefficient γ for the radial neural network (RBF).  

It was also noticed during the tests that the choice of the right 
basic wavelet used during signal decomposition with the use of 
discrete wavelet transform has a big influence on the determined 
value of combustion pressure. The best results were achieved for 
basic wavelets of haar and reverse biorthogonal type. 
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Abstract: In this article are presented and analyzed the results of the numerical experiments with the simulation model created to study the 
processes of the operating cycle of the internal combustion engine in a programming environment MATLAB with Simulink. The influence of 
the parameters of the incoming air on the working cycle and the power of a four stroke single-cylinder diesel engine under different weather 
conditions and supercharge. New relationships are derived to determine the engine power of the air temperature, altitude and air pressure 
at supercharge. 
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1. Introduction 
 
The mathematical model of the operating cycle of internal 

combustion engines (ICE), is a system of ordinary differential 
equations, derived from ICE theory, thermodynamics, 
hydrodynamics and mechanics. 

With the system of differential equations are described the 
operating substance parameters during periods of intake process, 
compression, expansion and exhaust process. It includes the 
equation for the dynamics of combustion and heat and the equation 
of continuity [1, 2, 7].  

The simulation model (fig. 1) of four-stroke ICE in Simulink 
[3, 4, 5, 6] is realized, based on mathematical description of the 
successively implemented processes of the operating cycle of ICE 
[1, 2, 7]. 

 

 
 

Fig. 1. Simulation model of ICE 
 

In the auxiliary script file to the simulation model are 
described, initialized and calculated the necessary constructive and 
regime parameters of the engine and the operating substance.  

In structural terms, the simulation model consists of several 
subsystems: 

subsystem to determine the angle of rotation of the crankshaft 
as a function of time; 

subsystem to determine the kinematic parameters of the piston 
– path, velocity and acceleration; 

subsystem to determine the operating volume; 
subsystem to determine the pressure of the operating 

substance;  
subsystem to determine the forces acting on crankshaft 

mechanism units, as well as on torque of ICE. 
Individual subsystems are described in details in [3]. 
The simulation model of ICE [3], allows possibility for 

calculating the parameters of four or two stroke ICE with valve 
timing, valve-contour or contour gas distribution [4]. 

To conduct numerical experiments with the simulation model 
are inserted the values for a single-cylinder, four-stroke diesel 
engine with direct injection and air-cooling [8]. 

The bore of the diesel engine is 86 mm and the here stroke is 
72 mm. 

The piston displacement volume of the engine is 0.418 l. 
Compression ratio is 19. 

At atmospheric pressure 101330 Pa, temperature of 298 K and 
3000 rpm of the crankshaft, the effective power of the motor is 5,7 
kW, its average effective pressure is 546 kPa, the torque was 18,7 
Nm and its specific consumption is 275,1 g/kWh. 

A commencement of fuel is 017 1± BTDC at 3000 rpm. 
The rotation direction is anticlockwise. 
 
2. Formulation of the problem 
 
The aim of this work was to study the influence of the 

parameters of the incoming air on the processes of the operating 
cycle and the power of four stroke single cylinder diesel engine 
under different weather conditions and supercharge. 

 
3. Influence of the inlet air temperature on 

operating cycle and power 
 
With the simulation model are performed numerical 

experiments to determine the parameters of the working cycle and 
power at different temperatures and constant air pressure at sea 
level (p0 = 101330 Pa). 
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Fig. 2. Influence of the air temperature on the working cycle 
 
Fig. 2 shows the indicator diagrams at various temperatures of 

the intake air. With increasing temperature, the maximum pressure 
of the operating cycle decreases. 

The results obtained for the power of the internal combustion 
engine are shown in Table 1 and in Fig. 3. 

 
                                  Table 1  
T, K Ne, W 
253,2 6982,8 
268,2 6508,9 
283,2 6085,4 
298,2 5704,5 
313,2 5360,3 
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Fig. 3. Graphs of the engine power on the cubic and linear dependences from 
the air temperature 

 
Engine power in case the temperature of the incoming air can be 

determined accurately by the cubic dependence 

 
(
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2
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T

− −

−

= + −

− +
,  (1) 

or approximately linear relationship 

 ( )35704,5. 4,736.10 . 2,4165eN T−= − +  (2) 

which is illustrated in Fig. 3. 
 

4. Influence of the parameters of the air over the 
operating cycle and power 

 
By conducting numerical experiments with the simulation 

model, indicator diagrams and calculated values of engine power at 

different pressure and temperature of the ambient air, corresponding 
to a height are built (Table 2). 

 
                                                                 Table 2 
H, m p, Pa T, K Ne, W 

0 101330 288,2 5959,2 
500 95464 284,9 5541,1 
1000 89877 281,7 5114,4 
1500 84559 278,4 4704,6 
2000 79499 275,2 4306,7 

 
Fig. 4 shows the indicator diagrams of diesel engines for 

different heights. 
 
With increasing altitude, the maximum pressure of the cycle of 

the engine decreases (Fig. 4). 
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Fig. 4. Influence of the parameters of the air on the working cycle 
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Фиг. 5. Graphs of the engine power on the cubic and linear dependences 
from the parameters of air at a given altitude 

 
Power of the engine at a given altitude can be determined 

accurately by the cubic dependence 
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or estimated with sufficient accuracy by the linear relationship 

 ( )45959,2. 1,39.10 . 1eN H−= − + . (4) 

With increasing altitude, engine power decreases by 
approximately the linear relationship (3) shown in Fig. 5. 

 

, [ ]µ −
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5. Influence of the air pressure in the 
turbocharged operating cycle and power 

 
The results obtained for the engine output of the parameters of 

the incoming air at supercharge, without intermediate cooling are 
shown in Table. 3. 

 
                                                                       Table 3 
pк, Pa Tk, K Ne, W 

101330 298,2 5704,5 
111330 306,5 6347,9 
121330 314,2 6978,9 
131330 321,6 7598,6 
141330 328,5 8207,8 
151330 335,1 8807,2 

 
Indicator diagrams obtained at respective values of pressure 

and temperature of the intake air at supercharge, without 
intermediate cooling are shown in Fig. 6. 

Upon increase of the pressure and the air temperature at 
supercharge, the maximum pressure of the cycle increases. 
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Фиг. 6. Influence of the pressure and temperature of the air at supercharged 
on the operating cycle  
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Фиг. 7. Influence of pressure and temperature of air at the supercharged on 
the power 

By increasing the pressure of the filling and the corresponding 
value of the air temperature, the power is increased (Fig. 7). 

The engine power, at a certain value of pressure of supercharge 
can be determined exactly by the cubic dependence 
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or approximately by the linear relationship 

 ( )55704,5. 1,118.10 . 0,12147e kN p−= − . (6) 

 
6. Conclusion 
 
With the created a simulation model, is researched the influence 

of the parameters of the incoming air on the processes of the working 
cycle and the power of the four stroke single-cylinder diesel engine 
under different weather conditions and supercharge. 

New, accurate and approximate simple dependence on 
determination of the engine power by the air temperature, altitude, 
and air pressure at the supercharged are obtained. 
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1. Introduction 
 

The mathematical model of the operating cycle of internal 
combustion engines (ICE), is a system of ordinary differential equations, 
derived from ICE theory, thermodynamics, hydrodynamics and 
mechanics. With the system of differential equations are described 
operating substance parameters during periods of the intake process, 
compression, expansion and exhaust process. It includes the equation for 
the dynamics of combustion and heat and the equation of continuity [1, 
2, 5]. 

 
 

Fig. 1 Simulation model of ICE 
 

The simulation model (fig. 1) of four-stroke ICE in Simulink 
[3, 4] is realized, based on mathematical description of the 
successively implemented processes of the operating cycle of ICE 
[1, 2, 5]. In the auxiliary script file to the simulation model is 
described, initialized and calculated the necessary constructive and 
regime parameters of the engine and the operating substance.  

In structural terms, the simulation model consists of several 
subsystems: subsystem to determine the angle of rotation of the 
crankshaft as a function of time, subsystem to determine the 
kinematic parameters of the piston – path, velocity and 
acceleration, subsystem to determine the operating volume, 
subsystem to determine the pressure of the operating substance and 
subsystem to determine the forces acting on crankshaft mechanism 

units, as well as on torque of ICE. Individual subsystems are 
described in details in [3]. 

The simulation model of ICE [3], allows possibility for 
calculating the parameters of four or two stroke ICE with valve 
timing, valve-contour or contour gas distribution [4]. 

The phases and the parameters of the constituent processes, 
and the kinematic parameters of the piston are a function of the 
angle of rotation of the crankshaft α, [deg], which is considered to 
be an argument, and is given by 

 6ntα =  (1) 

where n, [1/min] is the speed of the crankshaft and t, [s] is the time. 
The values of the parameters at the crankshaft position in top 

dead center (TDC), when the intake and exhaust valves are 
partially open, are accepted for initial conditions in a four-stroke 
cycle. 

The transformation of t into α is performed in "Alfa" 
subsystem, the kinematic characteristics of the piston are calculated 
in the second subsystem "Pistons parameters", and the volume of 
the working space and its derivative - in the third subsystem 
"Volume", which are presented in [3]. 

 

 
 

Fig. 2. "Pressure" subsystem 
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In "Pressure" subsystem, shown in Fig. 2, is calculated the 
derivative of the pressure and its numerical integration, at the 
succession of the processes of the operating cycle of the four-stroke 
or two-stroke ICE, with a selected valve timing system, and with 
the application of the following basic functional and logical 
dependencies. 

The derivative of the pressure of the working substance in the 
filler is calculated from the formula 

 16 ,p s
dp f pn a z bc
dt V V

µ = − 
 

 (2) 

where μ - coefficient of the flow; f, [m2] - area of the passage section 
with open valve; p, [Pa] - pressure; V, [m3] - volume; 
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where k is the exponent of the adiabatic and hV , [m3] – swept volume; 
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as /R Lλ = , R , [m] – radius of the knee and L , [m] – length of the 
rod. 

The flow velocity,  
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The overall look of the dependences, for determination of the 
time cross-section of the intake valve while moving according 
harmonious law is as follows: 

 
1 3

3601 cosiv iv ivf h D
daf daf

µ α π
  

= −   +  



 (10) 

where ivµ  is the coefficient of the hydraulic losses during filling; 

1daf - the rotation angle of the crankshaft, corresponding to the time 
of the intake valve full opening; 

2daf  - the rotation angle of the crankshaft, corresponding to the 
constant and the maximum open position of the intake valve; 

3daf  -the  rotation angle of the crankshaft, corresponding to the 
time of full closing of the intake valve; 

ivh  - the full stroke of the intake valve; 

ivD  - the diameter of the intake valve; 
ω  - the angular velocity of the crankshaft of the engine. 

The flow rate is calculated by the formula 

 v sQ fwµ=  (11) 

The calculations are performed in the "Inlet" (Fig. 3) and 
"Exhaust" subsystems, that are in "Pressure" subsystem, represented 
by functional relationships (2), ..., (11), applied to the process of the 
discharge, in a reciprocal relation to pressure. "Exhaust" subsystem 
has the same structure and relationships as "Inlet" subsystem, 
therefore it is not displayed. 

 

 
 

Fig. 3. "Inlet" subsystem 
 

Fig. 4 represents "Inlet valve / window" subsystem, from the 
"Inlet" subsystems. It implements a number of conditions and 
logical calculation of the derivative components of the cross-
sections in time pressure, speed and consumption during exhaust, 
and velocity and flow rate of filling or purging. 

 

 
 

Fig. 4. "Inlet valve / window" subsystem 
 

The subsystem for the variation of the cross-section in time of 
the intake valve (Fig. 5) is a component of the subsystem for 
determination of the working substance pressure during the intake 
and exhaust processes. It consists of blocks for out-of-phase shift of 
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the angle of rotation of the crankshaft with the related switches and 
the associated logic functions controlling them. 

The percentage of the horizontal section of the valve’s law of 
motion is defined in a script file in the simulation model and is 
assigned, in relative value in comparison with the total duration of 
the valve opening. 

In cases where there is no horizontal section, the law of motion 
of the valve is accepted as cosinusoidal and in the presence of a 
horizontal section, the front and rear part are described as half 
cosinusoid in order to have a shockless movement of the valve. 

In the case of a large percentage of the horizontal section it is 
necessary to ensure a guaranteed closing of the valves, especially in 
larger rotational speed of the crankshaft. This is achieved by using 
springs with suitable elastic constants. 

The options where the horizontal section has the largest 
percentage, in which the front and rear sections are close to a 
straight line, are carried by electromagnetic valve drive. 

 

 
 

Fig. 5. Subsystem cross-section in time of the intake valve of the internal 
combustion engine 

 
The subsystem for determining the cross-section in time of the 

exhaust valve is similar to that of the inlet. 
The simulation model provides the opportunity to select the 

version of the law of motion of the corresponding valve, including 
with a horizontal section at a fully open valve. 

 
2. Formulation of the problem 
 

The aim of this work is to study the influence of the laws of 
motion of the intake and exhaust valves and their respective 
sections in time for filling and discharge processes on the cycle of 
four stroke single-cylinder diesel engine. 

 
3. Simulation results and analysis 
 
The simulation study is conducted for the four stroke single-

cylinder diesel engine [6], whit direct injection and air-cooling, 
which has the following parameters and criteria: piston stroke - 72 
mm; diameter of the cylinder - 86 mm; compression ratio – 19; 
average effective pressure - 546 kPa, effective power - 5,7 kW; 
maximum torque - 18,7 Nm and specific fuel consumption - 275,1 
g/kWh at 3000 rpm. 

With one of the examples of the variety of the laws of motion, 
the total duration of the valve opening remains constant, i.e. the 
cross-section in time for the respective valve remains. In this 
example, the start of the opening and the end of the closing of the 
valve changes - with a delay or advance - Fig. 6. It is possible to 
optimize the engine performance through the use of appropriate law 
for gas distribution in each established spinning frequency. In this 
case, the camshaft must rotate relative to the crankshaft in the 
various operating modes of the engine. 

Fig. 7 shows the indicator diagrams, constructed with the results 
obtained at various angles of opening of the valves. With the 
increase of the outstrip in the opening of the valve, increases the 
maximum pressure of the cycle, and vice versa. 
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Fig. 6. Cross-sections in time of the valves at different angles of opening  
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Fig. 7. Expanded indicator diagrams at different angles of opening of the 
valves 
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Fig. 8. Phases of the gas exchange at a constant value of the cross-section 
in time of the valve and the relative duration of the horizontal section 0, 20, 

40, 60, 80% 
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The availability of the horizontal section in the law of motion of 
the valves, and respectively a change of the maximum stroke of the 
valve (Fig. 8), so as to maintain a constant value of the cross-section 
in time of the valve, results in a change in the maximum pressure of 
the cycle, as well as a change in the power and torque of the engine. 
The displayed in Fig. 9 variants of the cross-section in time 
modification, can be carried out by changing the camshaft of the 
engine or by an electromagnetic drive. The maximum pressure of 
the cycle is obtained at maximum relative value of the horizontal 
section and at the smallest valve stroke (Fig. 9). 
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Fig. 9. Expanded indicator diagrams at a constant value of the section of the 
valves in time 

 
Another variant of the change of the law of motion of the 

valves, associated with modification of the cross-section in time of 
the valves, i.e. different length of the horizontal section and 
constant maximum valves’ stroke, it is shown in Fig. 10. 
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Fig. 10. Phases of the gas exchange at a variable value of the cross-section 
of the valves in time, and relative duration of the horizontal section 0, 10, 

20, 30, 40% 
 

Based on the obtained results, graphically shown in Fig. 11, it 
can be concluded that the maximum value of the pressure of the 
working substance is obtained with the longest duration of the 

horizontal section, i.e. with a maximum cross-section of the valve in 
time, realized through its electromagnetic propulsion. 
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Fig. 11. Expanded indicator diagrams for various sections of the valves in 
time 

 
1. Conclusion 
 
With thus created simulation model, created to study the 

processes of the operating cycle of an internal combustion engine in 
MATLAB with Simulink, the influence of the laws of motion of the 
intake and exhaust valves and their respective cross-sections in time 
for filling and discharge processes on the working cycle of four 
stroke single-cylinder diesel engine. 
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